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ABSTRACT 
The provision of helical grooves on the surface of a plain journal bearing 
can improve the stability of a rotor-bearing system. However, the improvement 
depends on the arrangement of the grooves along the axial length of the bearing. 
In order to verify this improved stability three types of helical groove bearing and 
a reference plain journal bearing were investigated. The helical groove journal 
bearings were: a symmetrical, an asymmetrical and a partial grooved bearing. The 
bearing test rig was used to measure the oil flow rate, load carrying capacity, 
power losses, bearing surface temperatures, and stability characteristics. A 
theoretical model was developed to calculate the load carrying capacity, stiffness 
and damping coefficients, and stability characteristics of the various types of 
bearing. 
The experimental and theoretical results show that at the expense of a 
reduced load capacity the helical groove bearings are more stable particularly at 
low eccentricity ratios. However, the experimental observations showed that the 
partial helical groove bearing is not a practical bearing because the bearing 
becomes misaligned above certain load. 
For a given eccentricity ratio and speed the symmetrical bearing ran hotter 
and with greater power losses in comparison to the other three bearings. At the 
same eccentricity ratio and speed, the asymmetrical bearing ran at about the same 
temperature as the plain journal bearing. 
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CHAPTER 1 
INTRODUCTION 
1.1 General Background 
The rotor of any turbomachinery running in journal bearings, is prone to 
two types of well known vibration [1,2]. The first is synchronous vibration due to 
the runout or forces resulting from unbalance of the shaft. The second and more 
serious is a self excited non synchronous vibration, also known as "low frequency 
whirl". This latter phenomenon is usually associated with the oil film forces of the 
journal bearing and occurs particularly at low journal eccentricities. 
In turbomachinery the parameters characterizing operation such as, power 
losses, vibration amplitude and frequency are dependent on the type of bearings 
used, specific loads, bearing clearance, and load orientation. There are several 
types of journal bearing design in common use in turbomachinery [3,4]. They 
include the circular bore plain journal bearings which is easy to manufacture and 
inexpensive but, operating at low eccentricity, prone to be unstable. To improve 
the stability of a rotor, a geometrically pre-loaded bearing is often used in which 
two or more circular bearing arcs are set eccentric relative to the bearing centre 
such as elliptical bore bearings and three lobe bearings. Journal bearings with 
dams, steps, and pockets are also often used to improve stability. A pressure dam 
bearing is basically a plain journal bearing in which a dam is cut in its top half. 
As the fluid is dragged into the dam region hydrodynamic pressure is created at the 
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top half of the journal. The resulting downward acting hydrodynamic force adds 
to the static load and the shaft assumes a greater eccentricity and hence becomes 
more stable. Another bearing which can increase stability though has a more 
complex geometry is the tilting pad journal bearing. In this type of bearing the 
number of pads can usually vary from three to seven. Each pad is pivoted at a 
point located on its back. Tilting pad bearings induce greater stability and exciting 
crosscouple forces are reduced due to the ability of the pad to tilt. 
There are also other types of bearing designs used in engineering 
applications such as, spiral groove or helical groove bearings [5,6]. The spiral 
groove bearing has been widely used as a thrust journal bearing in small devices 
using gas, grease, or oil as a lubricating medium. In the helical groove bearing 
shallow grooves are cut in the surface of the bearing or in the surface of the 
journal. The grooves are inclined at a certain angle to the direction of rotation. 
As the journal rotates, due to the self-pumping action of the grooves, additional 
pressure is developed inside the bearing. This pressure preloads the bearing and 
causes an increase in stability. The performance of the helical groove bearing is 
affected by the depth of the groove, its width, angle, and the arrangement of the 
grooves along the bearing length. There are various types of helical groove journal 
bearing although only three of them will be described here. In the "symmetrical 
helical groove bearing", the grooves are of equal length about the mid axial plane 
of the bearing, but have opposite directions. In such a bearing the rotation of the 
journal pumps lubricant toward the centre of the bearing and there is no net flow 
of lubricant out of the bearing except the flow due to leakage. A bearing in which 
an axial flow of lubricant is achieved due to the grooves on one side of the bearing 
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being slightly longer than those on its other side, is called an "asymmetrical 
bearing". A third type of a bearing is a "partially grooved bearing", in which only 
half of the bearing surface is grooved while the rest of the surface is left plain. 
Asymmetrical and partially grooved journal bearings have the ability to pump the 
lubricant axially through the bearing. This pumping ability is important because 
a large part of the heat energy produced within can be dissipated by the outflow 
of the lubricant. This can be of importance in the case of high speed bearings. 
However, there is no published work in which measured bearing surface 
temperatures of helical groove bearings have been reported. Similarly experimental 
work regarding the steady state and dynamic characteristics of partial and 
asymmetrical helical groove bearing has not been reported. 
1.2 Review of Spiral Groove Bearing Design 
The distribution of pressure in the lubricating film of a plain journal bearing 
is well known and governed by the Reynolds equation [8,9]. In spiral groove 
bearings, however, the pressure profile in the circumferential direction has a saw 
tooth shape. Basic hydrodynamic theory was applied for the first time to a spiral 
groove thrust bearing by Wipple [5]. He adopted certain assumptions similar to 
those commonly used in the analysis of a smooth bearing, i. e the groove could be 
considered narrow and the pressure distribution across the groove could be regarded 
as linear. 
Muijderman [6,71 also addressed the problem of lubrication in spiral groove 
bearings. He considered many important aspects of their operation and analysed 
load capacity and frictional losses. He has also considered the effect of various 
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groove parameters on the performance of the bearing. 
In a spiral groove journal bearing operating eccentrically, a variation in 
pressure in the circumferential direction takes place. Solution of the Reynolds 
equation for this type of bearing was not available till 1965 when Vohr and Chow 
[10] and also Hirs [11] put forward a theoretical model. They proposed that in 
order to find the load capacity and stability it is not necessary to know the actual 
pressure profile but, instead, it is sufficient to know the mean pressure across the 
width of a groove and ridge pair. This pressure profile is known as a smoothed 
pressure profile and is valid provided that the number of grooves on the surface of 
the bearing or on the surface of the journal is infinite. In practical terms the 
provision of an infinite number of grooves on the surface of a bearing or on the 
surface of a journal is not possible. However, the theoretical analysis proved to be 
quite accurate when applied to bearings having only a finite number of grooves. 
The experimental verification of this approach was carried out by Hirs [11] and 
Bootsma [12,13]. 
The differential equation for the smoothed pressure profile, was solved by 
Castelli [14] and Smally [15] using the finite difference method. In their analysis 
they assumed a constant viscosity across the film. The results of their analysis 
were in a good agreement with experimental data. A finite element analysis of the 
helical groove journal bearing was conducted by Reinhoudt [16] and Yavelov [17]. 
However, they did not compare their theoretical results with experimental data. 
In order to maximize the load carrying capacity and radial stiffness, Yavelov 
[ 181, Fleming [19,201 tried to optimize the various parameters characterising groove 
geometry. 
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There are two methods to inscribe grooves in the surface of a bearing or in 
the surface of a journal. The first method consists of chemical etching the surface 
as described by Hirs [21]. The other method produces grooves by milling [22]. 
There are also a number of known applications of the gas lubricated helical 
groove bearing. A stability analysis of the gas lubricated herringbone bearing was 
carried experimentally by Cunning and Fleming [23]. They tested six rotors with 
grooves cut into the surface of the rotor. The rotors were tested in a vertical 
position and supported by plain bearings. Speeds of up to 60000 rpm were attained 
without applying any radial load. No instability was observed. Beside speed they 
also varied the bearing clearance in order to observe its effect on the stability. It 
was seen that the stability could improved by reducing the bearing clearance. 
Malanoski [24] carried out an experimental study of an ultra stable gas 
bearing of 40 mm in diameter. A rotor with grooves was mounted in two air 
lubricated plain bearings. No instability developed up to the speed of 60000 rpm 
while the rotor was loaded up to an eccentricity ratio of 0.3. 
A recent industrial application of a9 mm spiral groove journal bearing was 
reported by Molyneaux [25]. The bearing supported a stainless steel rotor running 
at a speed of 350000 rpm. In another application a helical groove journal bearing 
supported a rotor of an expansion turbine [26]. 
The load capacity of air lubricated helical groove bearings is too small for 
most engineering applications. To obtain a bearing with a sufficient load capacity 
a lubricant with a substantially higher viscosity needs to be used. Grease is the 
preferred lubricant in applications where a self sealing action for the bearing is 
needed. The application of a spiral groove bearing system with grease as a 
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lubricant has been reported by Bos [27]. Theoretical and experimental analysis of 
a grease lubricated spiral groove bearing was conducted by Dewar [281. 
Muijderman [29] published work regarding the application of grease lubricated 
herringbone journal bearings in video cassette recoders. 
Experiments on a series of hydrodynamic journal bearings lubricated with 
sodium at a temperature from 500 °F to 800 °F were conducted by Fredrick and 
Schuller [30, ]. Four different bearings were tested, that is, a cylindrical bearing 
with two and three axial grooves, a plain journal bearing with a herringbone 
grooved journal and a tilting pad bearing with three pads. The bearings in all tests 
were 40 mm in diameter and the test speed was 12000 rpm. The conclusion was 
that the tilting pad bearing was the most stable bearing and was followed by the 
plain journal bearing with a herringbone grooved journal, and then the axial groove 
bearing. 
Using water as a lubricant Fredrick and Schuller [31] conducted a series of 
stability tests on grooved rotors running in plain journal bearings. Three different 
sets of grooves were machined on three rotors: complete herringbone, partial 
herringbone with twenty grooves and another partial herringbone journal with forty 
grooves. The tests were conducted at a speed of 12000 rpm. The results of the 
test indicated that the number of grooves had no effect on the stability of the rotor. 
Similarly, a complete herringbone or a partial herringbone pattern was found to 
have no effect on stability. In experiments the effect of varying clearance on 
stability was also studied. It was found that the stability threshold is very sensitive 
to changes in clearance. The stability can be improved by reducing the clearance. 
However, their theoretical work predicted higher stability threshold in comparison 
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to those measured experimentally. 
A theoretical analysis of a turbulent flow journal bearing with helical 
grooves of different configurations was conducted by Vohr and Chow [32]. Their 
analysis predicted the steady state and dynamic properties of the bearing. The 
grooves in all cases were machined into the surface of the journal. However, 
results indicated that the performance of the bearing in the case of an 
incompressible lubricant is not affected regardless whether the grooves are on the 
surface of the bearing or on the surface of the journal. 
The majority of theoretical models of spiral groove bearings are based on 
isoviscous analysis. Bootsma [33] considered the effect of variation in viscosity 
on the performance of a thrust bearing. Thermodynamic analysis of a grease 
lubricated spiral groove thrust bearing was carried out by Dewar [291. In order to 
reduce the power losses of a plain journal bearing a floating ring bearing is a 
preferred solution in some applications. However, the floating ring plain journal 
bearing is inherently unstable. To improve the stability, Chow [341 proposed a 
helical groove floating ring journal bearing. The steady state and dynamic analyses 
was based on a smoothed pressure concept, and a finite difference method was 
used. 
Yavelov [35,36] reported the use of spiral groove journal bearings to 
support the spindle of a milling machine running at 24000 rpm. The diameter of 
the bearing was 52 mm and water was used as a the lubricant. 
Helical groove bearings are effective only in one direction of rotation. 
However, Nobuyoshi and Yasumi [37] have recently published theoretical work 
on a reversible type herringbone journal bearing. This type of bearing was shown 
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to have load capacity slightly less than that of a conventional herringbone journal 
bearing. 
There are several other applications outside the bearing field where spiral 
grooves have found use e. g, in shaft seals and viscous screw pumps [38,39,40]. 
1.3 Objective and Scope of Present Work. 
The main objective of the present study was to assess, through experimental 
testing and computer modelling, the suitability of oil lubricated helical groove 
journal bearings for turbomachinery application. 
In order to accomplish the objective three helical groove journal bearings 
namely, a symmetrical helical groove journal bearing,, an asymmetrical helical 
groove journal bearing and a partial helical groove journal bearing have been 
studied and their performance compared with that of a plain journal bearing. The 
results of the investigation are presented in the following chapters. In chapter 2, 
the experimental apparatus, including the bearings, and experimental procedure are 
described. The experimental results are presented in chapter 3. In chapter 4, the 
theoretical model is described and the governing equations for both the steady state 
and dynamic properties are given. In chapter 5, computational and experimental 
results are compared. Finally, conclusions and recommendations for further work 
are presented in chapter 6. 
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CHAPTER 2 
EXPERIMENTAL APPARATUS AND PROCEDURE 
2.1 Introduction 
The steady state properties and stability characteristics of the journal 
bearings tested were obtained experimentally using an existing bearing test rig [41]. 
In rotor-bearing systems the stability is determined both by the dynamic 
characteristics of the rotating parts and the dynamic characteristics of the journal 
bearings. In order to focus attention on the stability characteristics of the bearing 
and eliminate the other factors which may influence the stability, the test rig 
incorporated a movable test bearing and a rigid shaft mounted on fixed rolling 
contact bearings. The bearing test rig, Figure 2.1, consisted of a number of systems. 
These systems and the experimental procedure will be described. 
2.2 The Test Bearings 
Four bearings with different geometries were tested, a plain journal bearing, 
a partial helical groove journal bearing, a symmetrical helical groove journal 
bearing and an asymmetrical helical groove journal bearing. All the bearings were 
made of phosphor bronze. The nominal diameter of the bore was 127 mm and the 
radial clearance was 0.125 mm. These dimensions were chosen in accordance with 
the existing bearing rig. 
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A plain journal bearing was selected as a reference bearing. For the purpose of 
consistency of comparison, the plain bearing was tested first and was then 
converted subsequently into helical groove bearings. 
The plain journal bearing is presented in Figures 2.2 to 2.5. Oil was 
supplied to the bearing through a hole in the top of the bearing. The bearing was 
manufactured from a hollow phosphor bronze cylinder. The manufacturing 
accuracy was checked and revealed that the variation in the clearance was 0.02 mm 
to 0.03 mm. The roundness error was found to be within 0.024 mm. The surface 
roughness measured on the Talysurface was found to be 0.5 to 1 µm . 
The partial helical groove bearing is shown in Figures 2.6 to 2.8. The 
groove was cut by a cutter held in the right angle head of a pneumatic grinder. 
The cutting and its indexing was performed by a universal miller as shown in 
Figure 2.8a. The variation in the groove depth was about 6 to 8 pm . The groove 
parameters are listed below; 
Groove angle = 33 degrees 
Groove width =2 mm 
Ridge width =2 mm 
Groove depth = 0.13 mm 
Calculations regarding the groove pitch and lead angle of the groove are 
given in Appendix A. Oil was admitted to the bearing through an inlet hole which 
was located in the top centre plane of the main bearing housing, Figure 2.15. The 
circumferential groove in the main bearing housing distributed oil to a number of 
holes in the bearing, for example, oil was distributed to the bearing through an 
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axial groove in the bearing housing and a hole as illustrated in Figure 2.8b. The 
instrumented partial helical groove bearing is shown in Figure 2.8c. 
The symmetrical helical groove bearing assembled in the mild steel housing 
is shown in Figure 2.9. The detail drawings are shown in Figures 2.10 and 2.11. 
Oil was supplied to the bearing through two inlets as shown in Figure 2.9. These 
oil inlets were connected to the axial groove of the bearing housing via connectors. 
The groove parameters were the same as in the case of the partial groove bearing. 
The asymmetrical helical groove bearing bush is shown in Figure 2.12 and 
details are shown in Figures 2.13 to 2.14. The groove parameters are the same as 
those described earlier in the case of the partial groove bearing with the exception 
that in this case the grooves on one side of the bearing are slightly longer than 
those on the other side of the bearing. Oil was supplied to the bearing through an 
oil inlet hole which flooded the end of the bearing which had the longer grooves. 
2.3 The Main Bearing Housing and Seals 
The main housing which contained the seals is shown in Figure 2.15. The 
purpose of the housing was to hold the bearing assembly firmly to enable the 
bearing to be loaded. It also distributed supply oil to the inlets of the test bearing. 
Supply oil entered the housing via an oil inlet hole and was then distributed via an 
annular groove. Oil exiting the bearing flowed to the sump via two drain pipes. 
Oil leakage from the housing was controlled by floating ring seals. The floating 
rings were made of a phosphor bronze and had an inside diametral clearance of 
0.152 mm and an outside diametral clearance of 0.203 mm. The rings were free to 
move radially and could therefore accommodate a relatively large amount of 
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shaft/bearing misalignment. 
2.4 Bearing Surface Temperature Measurements 
The bearing surface was instrumented with a number of thermocouples as 
shown in Figure 2.16. All the thermocouples were cemented in place with araldite 
to within 2 mm of the bearing surface. The location of thermocouples in the 
circumferential and axial directions was the same in all bearings tested. Type 'T' 
thermocouples were used to measure the temperatures. A data acquisition system 
was used to provide signal conditioning and multiplexing for the thermocouples. 
The thermocouples were calibrated at two known temperatures, the freezing point 
and the boiling point of water. On calibration, the thermocouple cards were found 
to be within 0.3 °C to 0.5 °C of each other. A data acquisition programme was 
installed on a BBC computer to send commands to the various instruments and 
receive back data over an RS232c serial port. In the program the temperatures 
measured by the thermocouple system were corrected by using the formula 
described in Appendix B. The corrected temperatures were displayed on the screen 
or stored on disc. 
2.5 Shaft Displacement Measurements 
In order to obtain the displacements in x and y direction of the journal 
centre relative to the bearing centre, it is necessary to measure the position of the 
shaft in two perpendicular planes on either side of the bearing. Inductive 
displacement transducers were used in this respect. The positions of the 
transducers are shown in Figure 2.17. The outputs from the probes mounted 
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directly opposite to each other were combined to cancel the effects of thermal 
expansion and to give the average shaft position at each end of the bearing. Each 
pair of transducers was connected to a carrier frequency amplifier. The output 
from the carrier frequency amplifier was connected to a channel of a storage 
oscilloscope and a u-v recorder. As load was applied to the bearing the 
displacements in x and y direction were read from each respective channel of the 
oscilloscope. Using the x-y axis display of the oscilloscope, the shaft motion was 
displayed in the form 'of an orbit. The output signal for a given displacement 
depends upon the initial gap between the shaft and transducer and upon the gain 
of the amplifier which is preset. Each pair of transducers was calibrated as a unit 
before installation. A typical calibration chart is given in Figure 2.18. The 
distance between the transducers and the shaft was 1 mm, and the radial clearance 
between the shaft and bearing was 0.125 mm. 
The calibration of the transducers after installation in the test rig was not 
possible. However, displacements measured by the transducers were compared 
with dial gauge readings and they were in good agreement. The eccentricity ratio 
was calculated from x and y displacements. 
2.6 Shaft and Support Bearings 
Figure 2.19 shows the shaft and its support structure. One end of the shaft 
was supported by a double row spherical bearing, while the other end was 
supported on a system of ball bearings. The support bearings were mist lubricated. 
2.7 Oil Supply System 
The oil supply system is shown in Figure 2.20. It was designed to operate 
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in two modes. In one mode the oil in the tank is heated to the required supply 
temperature. The filtered oil is then supplied to the test bearing. Oil leaving the 
bearing is returned to the tank. The oil supply pressure can be set to any value 
between 34 and 480 kN/m2 by suitable adjustment of the by-pass valve in the 
supply line. Flexible hose is used immediately prior to the test bearing housing to 
isolate the housing from vibration generated by the oil pump. The oil inlet 
pressure was measured using a calibrated bourdon tube pressure gauge. The second 
mode of oil supply system allows longer test runs. In this mode, oil that has 
passed through the bearing is returned to the supply tank and the supply oil 
temperature is held constant by adjusting the cooling system. 
In practice, however, the heating of the oil and hence the oil supply 
temperature could not be controlled to the required accuracy without the use of a 
cooler. Therefore the second mode of oil supply was used for the tests. The 
required inlet temperature was set at 40 'C and the temperature variation was held 
to within -4- 1 T. The oil used in the experiments was Shell Tellus 37. The 
viscosity of the oil measured over the range of temperatures using a suspended 
level viscometer is shown in figure 2.20a. The measured value of pH is 6. Which 
points to a neutral character of the oil. It was according to Shell specifications 
with following features. 
a) Improved thermal stability 
b) Excellent oxidation resistance 
c) Low friction 
d) Good water separation 
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2.8 Flow Rate Measurement 
A flow meter was provided to measure the flow rate of the oil through the 
bearing. The calibration chart taken from reference [41] is given in Appendix C. 
However, in most of the test runs the oil flow rate was too small to be measured 
accurately by the rotameter. Instead the flow rate was measured directly using a 
calibrated container and a stop watch. 
2.9 Power Loss Measurement 
The power absorbed by a bearing was estimated from the measurements of 
the oil flow rate and oil temperature rise resulting from its passage through the 
bearing. 
2.10 Loading System 
The loading system is shown in Figure 2.21. The bearing is loaded 
vertically upward by two 6mm multi- strand wire ropes. Load is applied by a 
hydraulic jack which is fed from a hand pump. Each wire rope incorporated a 
turn-buckle so that its length could be adjusted to facilitate alignment of a bearing. 
The wire ropes were attached to a mild steel carrier which cradled the bearing 
housing. The system could apply a load of up to 25 kN to the bearing. The 
system incorporated a safety feature, in the form of a solenoid valve built-in into 
the hydraulic system which normally remained closed. However, in an emergency 
the solenoid valve could be opened via the data acquisition system to release the 
load on the bearing. The load was calculated using the measured jacking oil 
pressure and jack cylinder diameter. The jacking oil pressure was measured in the 
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loading system hydraulic line by a standard bourdon tube type gauge. In order to 
compensate for pressure losses in the system, a gas charged hydraulic accumulator 
was installed. This kept the pressure stable in the hydraulic line. 
2.11 Drive System 
The drive to the test shaft was provided by a petrol engine, Figure 2.22, via 
a propshaft and heavy pitch timing belt and pulley set. Shaft speed was measured 
by a tachometer consisting of a shaft mounted sprocket which interrupted an opto- 
switch connected to the counter/timer card of the data acquisition system. The 
speed was controlled by throttling the engine. With a pulley ratio of 40: 27 and 
shaft diameter of 0.127m a shaft speed of up to 7000 rpm could be attained. The 
shaft speed once set, remained constant to within ± 30 rpm. However, the use of 
a belt drive directly connected to the end of the test shaft inevitably introduced 
some vibrations. However, those were not excessive up to 4000 rpm, though 
above 4000 rpm displacement measurements became unreliable. In the drive 
system an engine cut-out device was installed and could be operated in an 
emergency via the data acquisition system. 
2.12 Data Acquisition System 
The main role of the data acquisition system was to collect, display and 
store data from the various instruments used and to control certain aspects of 
rig operation. The system shown in Figure 2.23, comprised of a 64k BBC 
microcomputer interfaced with a "3D Thinklab" data logger. The data logger 
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contained its own microprocessor and all the cards to interface with the 
instrumentation. The BBC microcomputer was programmed to send commands to 
the thinklab controller card and to receive data back over the RS232c serial 
communication card. Data received could either be displayed or stored on a disc. 
There were a number of cards within the system, each one having its own 
specific function. Five R-16TACJC cards provided signal conditioning and 
multiplexing for the type T thermocouples. An R-IOMUCS counter/timer card 
connected to the opto-switch measured shaft speed and an R-8CTA transducer 
amplifier card provided amplification for the outputs which were then converted to 
digital form by the R-12ADS 12 bit integrating A-D converter card. The digitised 
information was then sent to the BBC microcomputer. The maximum rate of data 
capture was dictated by the conversion speed of the A-D converter and for this card 
it was approximately 10 channels/sec. 
The data acquisition system also contained an R-8CDR relay card which, 
programmed from the BBC, could operate the relay system shown in Figure 2.23, 
[41] and control the engine ignition, oil heaters and solenoid valve. The capture, 
display, storage of data and control of the rig were all programmed options that 
could be chosen systematically from a menu. These options included: - 
1 Relay Control - by controlling relays, the engine and oil heater could be 
switched on or off and the loading system solenoid valve opened or closed. 
2 Safety Control - if chosen, the system monitored the hottest bearing 
temperature every other channel. If the temperature exceeded the trip value, the 
bearing was unloaded and the engine stopped. Excessive bearing temperatures 
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could be caused by lubricant failure, engine failure, overloading, etc. 
3 Start Up Display - load, speed, power losses, oil flow rate, bearing minimum 
film region temperatures and supply groove temperature, outlet and return 
temperature and relay status were all displayed. Oil supply temperatures were also 
monitored and the oil heaters controlled accordingly. 
4 Temperature Display - temperature readings for all the thermocouples used 
were displayed together with oil inlet, supply and outlet temperatures. Engine 
coolant and oil supply temperatures were also monitored. 
5 Data Entry - this option allowed the readings from mechanical instruments 
such as pressure gauges and the flow meter to be input. 
6 Data to Disc - after inputing a file name, time and date, experimental rig data 
could then be stored on the disc. 
An important keyboard option, rather than screen option, was the emergency 
stop button, which, if pressed, immediately shut down the rig. 
2.13 The Experimental Procedure 
In order to established actual bearing clearance and alignment, it was 
necessary to established a datums at which the axis of the journal and the axis of 
the bearing bore were collinear. The datums was established with the shaft 
stationary by moving the bearing from side to side and vertically up and down into 
hard contact with the journal. The bearing was first moved vertically by use of the 
turn buckles and then side to side, the datums was established with the bearing set 
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in its mid vertical position. The nominal diametral clearance was 0.25 mm. The 
diametral clearance indicated by moving the bearing across from hard contact to 
hard contact was between 0.2 mm and 0.22 mm. At the beginning of an 
experiment, the bearing was run under zero load in order to check that the shaft 
centre coincided with the bearing centre and that was taken as a reference. During 
experiments, frequent checks for zero drift were made. 
Before the test, the oil in the tank and the bearing were brought up to a 
temperature just above the required oil supply temperature of 40 T. This was 
achieved by using the tank oil heaters and circulating the oil through the bearing. 
Once the desired supply temperature was reached, the engine was started. Load 
was applied to the bearing after the required shaft speed was attained. Oil supply 
temperature was controlled by occasionally adjusting the cooling. The bearing 
required 30 minutes to reach thermal equilibrium. Data were recorded only after 
thermal equilibrium of the bearing had been achieved. Thermal equilibrium was 
judged to have been attained when the bearing temperatures were seen to vary with 
the supply temperature. At equilibrium condition a data file name was selected and 
bearing temperatures, power losses, oil flow rate, load, speed, date and time were 
stored on the disc. After recording the steady state parameters, the static load 
applied to the bearing housing was reduced by small increments until the first 
indication of instability was observed. During this process the unstable whirl orbit 
was observed on the oscilloscope and recorded photographically. The load at 
which the instability began to grow, was taken as the instability load. 
Four series of test were run for each bearing, with each series consisting of 
various combinations of shaft speed and load. 
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CHAPTER 3 
EXPERIMENTAL RESULTS 
3.1 INTRODUCTION 
Test were carried out on the following four types of bearings: - 
a) A plain journal bearing, as a reference bearing. 
b) A symmetrical helical groove journal bearing. 
c) An asymmetrical helical groove journal bearing. 
d) A partial helical groove journal bearing. 
In each instance the following measurements were made: - 
i) Bearing temperatures measured by thermocouples. 
ii) Oil flow rate. 
iii) Power loss. 
iv) Eccentricity ratio as derived from the position transducers. 
v) Stability as measured by the load and eccentricity ratio below which 
vibration of the bearing rises rapidly. 
All the bearings were tested with the oil inlet temperature held at 40±1 °C. 
The temperature of the oil was measured by a thermocouple positioned in oil 
supply annulus just before the oil entered in to the bearing. Similarly, the oil 
supply pressure of 257.7 W/O is the oil pressure in the oil supply annulus. 
All the tests were carried out in a speed range of 2000 rpm to 4000 rpm 
(see section 2.11 page 16) and were conducted at steps of 1000 rpm. The direction 
of the force applied to the bearing, attitude angle and direction of rotation are 
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indicated in Figure 3.1. 
3.2 Plain Journal Bearing 
3.2.1 Bearing Surface Temperature Measurements 
The temperature profiles at fixed load and different speeds are shown in 
Figure 3.2 and 3.3. Whilst the temperature profiles at fixed speed and different 
loads are shown in Figures 3.4. These temperature profiles were constructed from 
the output of the thermocouples positioned circumferentially near the mid axial 
plane at location 2, Figure 2.16. In general bearing temperature increases gradually 
in the direction of rotation from its value at the inlet and reaches a maximum at the 
angle of about 225 to 250 degrees, i. e in the region of minimum film thickness. 
After this position there is a gradual decrease in temperature. The maximum 
temperature at minimum gap results from the gap reduction which, at minimum 
film thickness location results in the highest shear rate within the film. 
The increase in temperature was more dependent on an increase in speed 
rather than an increase in load. This was because the heat generated by viscous 
shearing is proportional to speed. The increase in temperature at fixed load was 
about 7°C per 1000 rpm. The increase in temperature when the load was increased 
from 11120 N to 13344 N was about 3 to 4°C. 
The axial variation of temperature was determined by measurement from the 
thermocouple at location 1 to 4 along the axial length of the bearing at angle of 
180 degrees with respect to the oil inlet, Figure 2.16. The temperatures measured 
by the four thermocouples are plotted in Figure 3.5. The variation of temperature 
along the axial length of the plain journal bearing is small approximately 2 to 3°C. 
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If there is no misalignment, the axial variation of temperature is expected to be 
small. 
3.2.3 Oil Flow Rate Measurements 
The oil flow rate as a function of speed at a load of 13344 N is given in 
Figure 3.6. The flow rate as a function of load at a speed of 3000 rpm is given in 
Figure 3.7. It appears that the flow rate increases more significantly with an 
increase in load. This is because, the increase in the eccentricity results in 
increased specific pressures and so greater leakage of oil from the sides of the 
bearing occur. 
3.2.4 Power Losses Measurements 
The power losses as a function of rotational speed at a load of 13344 N are 
given in Figure 3.8, whilst the power losses as function of load at a speed of 3000 
rpm are given in Figure 3.9. The power losses were obtained by estimating the 
convected heat flow rate from the bearing. This was achieved by measuring the 
oil flow rate and oil temperatures at the bearing oil inlet and exit. The method of 
calculating the power losses is described in more detail in Appendix D. 
3.2.5 Bearing Load 
The variation of journal eccentricity with load at a speed of 3000 rpm is 
given in Figure 3.10. The displacement of the bearing housing was measured as 
described in chapter 2, section 2.5. The eccentricity was calculated from these 
measurements. The displacement readings were taken after thermal equilibrium 
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had been attained. 
3.2.6 Stability Characteristics 
The bearing stability characteristics were determined experimentally by 
running the shaft at various speeds and varying the load on the bearing. At each 
speed, and after thermal equilibrium had been established, the static load on the 
bearing was progressively reduced by small decrements whilst the motion of the 
bearing housing was observed on the oscilloscope. The value of the load below 
which the housing motion started to grow was taken as the critical load or the load 
at the threshold of instability. In Figure 3.11 is shown the stability curve in which 
the critical load is plotted against rotational speed. In the area above the curve, 
stable operation can be expected, whilst in the area below the curve vibration at a 
frequency of about half of the rotational speed is likely. The amplitude of the 
whirling motion was observed in the form of orbits. The whirling motion at an 
early stage of instability is shown in Figure 3.12a, speed 3000 rpm and load 11120 
N. As the load was decreased to just below the stability threshold, the bearing 
started to whirl around the equilibrium position. The form of the orbit at the onset 
of instability at 4040 rpm is shown in Figure 3.13. The final stage of the 
instability would be at the no load condition, and the motion would then develop 
to full clearance whirling. The whirling motion at 3000 rpm is shown in the time 
domain in Figure 3.12b. The lower curve is from the displacement transducers on 
the vertical diameter and the upper curve from the transducers on the horizontal 
diameter. The frequency of whirl indicated by the plot is close to half of the 
rotational speed. 
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The bearing was unstable below an eccentricity ratio of about 0.4. Once the 
bearing became unstable a higher load than the critical load was required in order 
to stop the instability. When there is a hysteresis in the whirl extra load is 
required to recover the instability, this is due to inertia forces which opposes the 
motion when it starts and then tends to keeps it. The detailed explanation for this 
phenomena is given in reference [3]. 
3.3 Symmetrical Helical Groove Bearing 
3.3.1 Bearing Surface Temperature Measurements 
It is well known that heat is generated in a lubricating oil film because of 
the shearing that it undergoes. For the safe operation of a bearing the amount of 
heat generated must be dissipated. The mechanisms of heat dissipation from the 
bearing are, conduction across the oil film, conduction along the axial length of the 
journal and heat convection by the lubricating oil. In a plain bearing oil escapes 
from the ends of the bearing and so heat is convected away. This is one of the 
principal mechanisms for the dissipation of heat in a plain bearing. With the 
symmetrical helical groove bearing the effect of the grooves are to return the axial 
flowing oil to the mid plane of the bearing. The end leakage is reduced and it is 
expected that the bearing will run hotter than the plain bearing. Under certain 
circumstances the bearing can even be self sealing. 
In order to observe the circumferential temperature profile at different loads 
and different speeds, temperatures were measured near the mid axial plane at 
location 2, Figure 2.16. The temperature profiles are plotted in Figures 3.14 to 
3.16. These graphs show that the lubricant increases in temperature as it progresses 
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through the bearing. The maximum temperature was observed at an angle of 
approximately 250 degrees, in the vicinity of the minimum film thickness region. 
It was also observed that the variation of temperature in the circumference 
temperature profile of the symmetrical helical groove bearing was less than that in 
the plain journal bearing. As there was no through flow of oil, the heat convected 
by the oil was circulated around the bearing, as result the difference in temperature 
in the case of symmetrical groove bearing was reduced. The increase in 
temperature was about 8°C per 1000 rpm. As can be seen from Figure 3.15, the 
temperature increases more with the speed than with load. 
The variation in temperature along the axial length of the bearing was 
measured at locations 1 to 4 at an angle of 180 degrees with respect to the oil inlet, 
Figure 2.16. The temperatures measured along the length of the bearing are plotted 
in Figure 3.17. It is observed that one axial half of the bearing is about 5°C higher 
in temperature the than other WE It could have been due to slight misalignment. 
3.3.2 Oil Flow Rate Measurements 
Oil flow rates at constant load and variable speeds are given in Table 3.1. 
An increase in flow rate indicates that the leakage from the sides of the bearing is 
compensated by external supply. Oil flow rates at constant speed and variable 
loads are given in Table 3.2. It was observed that as the load was reduced the side 
leakage was also reduced. 
Table 3.1 Flowrate at constant Load and variable Speed 
speed [rpm] Load [N] Flowrate 1/s 
2000 6672 
. 165 
3000 6672 . 168 
3000 8896 . 18 
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Table 3.2 Flow Rate at Constant Speed and Variable Load 
Speed [rpm] Load [N] Flowrate I/sec 
2000 4448 0.158 
2000 6672 0.165 
3000 6672 0.168 
3000 8896 0.180 
3.3.3 Power Loss Measurements 
The power losses were estimated by measuring the convected heat flow rate. 
This was achieved by measuring the oil temperature at the inlet and the outlet of 
the bearing and also the oil flow rate. 
Power losses at constant load and variable speed are given in Table 3.3. 
Whilst power losses at constant speed and variable loads are presented in Table 3.4. 
Table 3.3 Power Losses at Constant Load and Variable Speed 
Speed [rpm] Load [N] Power losses [kW] 
2000 6672 1.13 
3000 6672 2.033 
3000 8896 2.542 
4000 8896 4.177 
Table 3.4 Power Losses at Variable Loads and Constant Speed 
Speed [rpm] Load [N] Power losses [kW] 
2000 4448 0.347 
2000 6672 1.13 
3000 6672 2.033 
3000 8896 2.542 
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An increase in power loss compare to plain bearing of 0.9 kW was 
observed when the speed was changed from 2000 rpm to 3000 rpm at a load of 
6672 N. Similarly, an increase in power loss compared to plain bearing of . 409 
kW was noted when the load on the bearing was changed from 6672 N to 8896 N 
whilst a speed of 3000 rpm was maintained. 
3.3.4 Bearing Load 
The variation of journal eccentricity with load at constant speed is given in 
Figure 3.18. The displacements of the bearing housing were measured in two 
direction as discussed in chapter 2 section 2.5. However, it was observed that the 
bearing had maximum displacement in the direction of applied load, because of 
reduced crosscoupling. The displacement in horizontal direction at high 
eccentricities was very small. The displacement measurements were taken after 
thermal equilibrium was achieved. 
3.3.5 Stability Characteristics 
The stability curve for the symmetrical helical groove bearing is shown in 
Figure 3.19. A speed of 1645 rpm was attained without any external stabilizing 
load being required on the bearing. At 1645 rpm the motion of the bearing housing 
started to grow and load was applied. The critical load at the onset of instability 
was determined in the same way as described in section 3.2.5. This was achieved 
by testing the bearing at each speed and load. The speeds and loads used in the 
test were, at 2000 rpm and 4448 N, at 3000 rpm and 8896 N and finally at a 
speed of 4000 rpm and the static load applied to the bearing was 8896 N. For each 
speed and static load the corresponding value of the critical load is plotted in 
27 
Figure 3.19. Having determined the onset of instability, the trajectory of the whirl 
motion was observed in the form of an orbit. Typical whirl orbits are shown in 
Figure 3.20 to 3.21. The speed and static load at equilibrium eccentricity are also 
given in each figure. The whirl amplitude in the time domain is also shown in 
Figure 3.20b and the frequency ratio calculated from the time period is about 0.5. 
It was noticed that when the load was reduced below the critical value the rate of 
increase of load dependent amplitude was not so rapid as compared with the plain 
bearing. Because the plain bearing loses its load capacity as the instability grows 
the hydrodynamic forces move the journal toward the wall of the bearing. In the 
helical groove bearing due to groove pumping action, hydrodynamic forces around 
the journal restrict the journal movement. However, like the plain bearing, once 
the motion starts to grow greater load than the critical load is required to control 
it. The reason for this could be the same as that described in section 3.2.6. Above 
a speed of 1645 rpm the bearing was unstable below an eccentricity of 0.65. 
3.4 Asymmetrical Helical Groove Journal Bearing 
3.4.1 Bearing Surface Temperature Measurements 
The circumferential temperature profiles were measured at location 2, Figure 
2.16 and at each speed and load used during testing are shown in Figures 3.22 to 
3.24. Because the asymmetrical bearing was unstable below an eccentricity ratio 
of 0.7, data plotted in Figures 3.22 to 3.24 are limited to a single load and speed 
such that the bearing was operating at a high enough eccentricity ratio. It is seen 
from the graphs that the temperatures increases in the direction of rotation from its 
value at the oil inlet. The maximum rise in temperature was observed in the 
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minimum film thickness region, i. e. between 150 to 250 degrees from the inlet. 
A gradual decrease in temperature follows as the bearing gap diverges. The 
temperature curves in Figures 3.22 to 3.24 show no prominent peaks. This appears 
to be because in the asymmetrical bearing the heat generated in the minimum film 
region is removed more by convection than by conduction across the film. This 
is mainly due to the axial flow of lubricant in the bearing. 
The variation of temperature along the axial length of the bearing positions 
1 to 4 in Figure 2.16 at 180 degrees with respect to oil inlet, is shown in Figure 
3.25. The graph shows a temperature difference of 8°C between the two ends of 
the bearing. This is due to the fact that oil at 40°C was supplied to the bearing 
from only one end. 
3.4.2 Oil Flow Rate Measurements 
Oil was supplied to the bearing through a hole which flooded the end of the 
bearing with the longer grooves. The axial flow rate of the oil was measured at 
an outlet hole located at the other end of the bearing. A summary of the flow rate 
measurements is given in Table 3.5. 
Table 3.5 Asymmetrical Bearing Oil Flow Rate 
speed [rpm] Load [N] Supply end flow 1/s outlet end flow 
l/s 
2000 6672 . 0876 . 013 
3000 8896 . 0876 . 015 
4000 11120 . 0876 . 019 
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3.4.3 Power Losses Measurements 
The power losses at each speed and load were calculated on the basis of 
measured oil flow rate and oil temperature at the bearing inlet and outlet. The 
power losses are given in Table 3.6. 
Table 3.6 Asymmetrical Bearing Power Losses 
Speed [rpm] Load [N] Power losses [kW] 
2000 6672 0.76 
3000 8896 1.39 
4000 11120 2.7 
3.4.4 Bearing Load 
The eccentricity ratio measured at each speed and load is given in Table 
3.7. During experiments, it was noticed that the asymmetrical bearing operated 
cooler than the symmetrical bearing. However, no effect of this on the bearing 
load as compared to the symmetrical bearing load was observed. The bearing load 
was nearly the same as that of the symmetrical bearing. 
Table 3.7 Bearing Load and Eccentricity Measurements 
Speed [rpm] Load [N] Eccentricity ratio 
2000 6672 . 72 
3000 8896 . 85 
4000 11120 .9 
3.4.6 Stability Characteristics 
In order to determine the stability characteristics of the bearing the shaft 
was gradually accelerated until a speed of 1280 rpm was reached at which whirl 
instability started to grow and load was required to stabilize the bearing. At each 
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speed and equilibrium eccentricity the bearing was tested in order to determine the 
critical load below which the onset of instability starts. The values of critical load 
for each speed used are plotted in Figure 3.26. The motion of the bearing housing 
at various speeds and loads below the threshold of instability is shown in Figures 
3.27 to 3.28. It was observed that the bearing was unstable below an eccentricity 
ratio of 0.7. 
3.5 Partial Helical Groove Journal Bearing 
It was observed during the experiment that when a load greater than 2240 
N was applied to the bearing the bearing became misaligned. Due to the difference 
in clearance, between the plain and grooved portion of the bearing, the stiffness of 
the plain portion of the bearing was greater than the grooved portion. The 
difference in stiffness had caused the bearing misalignment under load. In order to 
measure bearing surface temperatures, power losses, oil flow rate and stability 
characteristics the bearing was tested unloaded. 
3.5.1 Bearing Surface Temperature Measurements 
Circumferential temperatures were measured at position 3, Figure 2.16. It 
was observed that the temperatures measured at position 3 were higher than those 
at location 2. This could have been due to the difference in clearance at the two 
positions, as at position 3 the bearing surface was completely plain. The measured 
temperature profiles at each speed are plotted in Figure 3.29. The variation in 
circumferential surface temperature around the unloaded bearing seems to reflect 
the associated change in film thickness. 
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The variation of temperature along the axial length of the bearing is shown 
in Figure 3.30. The graph shows a temperature difference of 16°C between the two 
ends of the bearing. The difference in temperature can be explained in terms of 
the different geometry of the load supporting surface in this type of bearing and oil 
at an inlet temperature of 40°C being supplied to end of the bearing the with the 
groove. 
3.5.2 Oil Flow Rate Measurements 
Oil was supplied to the bearing through an inlet hole positioned at the end 
of the bearing provided with the helical grooves. The axial flow rate measured at 
the outlet hole near the end seal, at different speeds, is shown in Figure 3.31. The 
axial flow rate is seen to vary linearly with speed. 
3.5.3 Power Losses Measurements 
The convected power losses were estimated from the total oil flow rate 
through the bearing and the temperature rise of the oil as it passed through the 
bearing. The power losses at different speeds are shown in Figure 3.32. 
3.5.4 Stability Characteristics 
The partial helical groove bearing was tested up to 4000 rpm. The motion 
of the bearing housing was observed on an oscilloscope in the form of an orbit. 
It was found that there was no substantial increase in the size of the orbit up to 
4000 rpm. However, the significant predominant misalignment was observed. It 
is therefore, difficult to interpret the stability results. The display of the bearing 
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housing motion is shown in Figures 3.33 and 3.34. 
3.6 Comparison of the Performance of the Bearings Tested 
3.6.1 Bearing Surface Temperature. 
The surface temperature of each bearing at a load of 8896 N and speed of 
3000 rpm is shown in Figure 3.35. It is seen that the plain bearing operated with 
the lowest surface temperatures in comparison to the other bearings. The 
asymmetrical helical groove bearing ran at a temperature approximately 2°C above 
the maximum temperature of the plain bearing. The symmetrical bearing as 
expected ran with the highest surface temperature amongst the bearings tested. 
This is understandable as in the symmetrical bearing there was no net axial flow 
of lubricant. At a load of 8896 N and speed of 3000 rpm, both of the helical 
groove bearings ran at an eccentricity ratio higher than 0.7. On the other hand, 
the plain journal bearing ran at an eccentricity ratio of about 0.46. 
3.6.2 Axial Temperature 
The variation in surface temperature in the axial direction, for each bearing 
is shown in Figure 3.36. It is seen that for the plain bearing and the asymmetrical 
bearing the maximum axial variation in temperature was about 3°C and 8°C 
respectively. As regards the symmetrical bearing the axial variation in temperature 
was about 5°C. All three bearings were with a shaft speed of 3000 rpm and a load, 
of 8896 N. The variation of axial temperature in the partial helical groove bearing, 
tested without load was about 16°C. 
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3.6.3 Power Losses 
The power losses of all the bearings tested arc shown in Table 3.8. The 
power consumed by the symmetrical helical groove bearing was the highest 
amongst the bearings tested. However, the plain bearing ran cooler than the helical 
groove bearing, which implies that it should have produced higher power losses 
This apparent contradiction can be explained by the fact that the symmetrical 
groove bearing ran with a much thicker lubricating film and therefore the losses 
due to the shearing of the film were greater. 
Table 3.8 Power Losses Comparison 
Bearing Speed [rpm] Load [N] Power Loss [kW] 
Plain 3000 8896 1.49 
Symmetrical* 3000 8896 2.54 
Asymmetrical* 3000 8896 1.39 
Partial* 3000 8896 1.57 
T neiicai uroove journai nearing 
3.6.4 Bearing Load Characteristics. 
The bearing load capacity was assessed by measuring the position of the 
journal centre at each load and speed. This was done for all the bearings tested, 
except the partial bearing. The results are given in Table 3.9. The load capacity of 
the helical groove bearings were about half that of the plain bearing. 
Table 3.9 Comparison of Bearing Load Capacity 
Bearing Load [N] Speed [rpm] Eccentricity ratio 
Plain 8896 3000 0.46 
Symmetrical* 8896 3000 0.94 
Asymmetrical* 8896 3000 0.85 
* Helical Groove Journa Bearing 
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3.6 Stability Characteristics 
The stability curves of the three bearings tested are shown in Figure 3.37. 
However the stability curve of the partial helical groove bearing is not given in 
Figure 3.37. This is because, it was observed the bearing become misaligned as 
load was applied. The result was not reliable. It is seen from Figure 3.37 that the 
Symmetrical helical groove bearing was more stable up to speed of 1625 rpm than 
the other two bearings tested, and symmetrical bearing rquired no external 
stabilizing load up to 1625 rpm. The plain bearing showed good stability but only 
above an eccentricity ratio of 0.4. The asymmetrical bearing was unstable below 
an eccentricity ratio of approximately 0.7. 
3.7 Discussion of Results 
The bearing parameters such as, bearing surface temperature, power losses, 
load capacity, and critical load for stability have been presented. 
The film thickness profile around the circumference of the helical groove 
journal bearing has saw tooth shape. The effect of this on the circumferential 
surface temperature profiles of the bearing was not observed, as these profiles 
are smooth and without distortion. However, it was not possible to position 
thermocouples in exactly equivalent positions regarding the groove and ridge 
geometry. 
It was observed that for the symmetrical bearing the difference between 
the minimum surface temperature near the bearing inlet and maximum surface 
temperature near the minimum film thickness was not more than about 10 °C. 
For the asymmetrical helical groove bearing this difference was about 7°C 
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The stability characteristics of the symmetrical groove bearing arc 
not so encouraging as compared to published work on similar configurations using 
air and gas as a lubricant. For fluid film bearing with groove surface, the stability 
of the bearing depends not only on the groove geometry but also upon other 
factors such as, bearing radial clearance. It is known that a decrease in the 
clearance can improve the stability. In addition variation in groove depth, 
i. e an increase in depth can lead to less stable bearing. 
The partial helical groove bearing was tested without any load imposed 
on the bearing. The whirl amplitude, observed in the form of whirl orbit did not 
increase substantially which, apparently, shows that bearing is providing 
improvement in the stability. However, there are many variables involved in the 
experimental 
verification of stability such as misalignment. The partial helical groove bearing 
showed tendency to misalignment. This was due to difference in stiffness between 
the plain and groove portion of this bearing. The groove portion has more 
clearance and due to this fact less stiffness in comparison to the plain portion of 
the bearing. 
36 
M. 
Line of 
X 
wY 
X 
Y 
Z vigure s. i hearing coordinate system 
101 -p 3000 rpm 8896 N F= 
-2000 rpm 8899 N 
90 
8 
c, 
w 
I I-- 
cr W- w 
a- E 
w 
I- 
60 
50 
40 50 100 15O 200 250 300 3 
CIRCUMFERENTIAL DISTANCE(DEGREES) 
FIGURE 3.2 TEMPERATURE PROFILES FOR DIFFERENT SPEEDS 
PLAIN JOURNAL BEARING 
102 l-4000 rpm 13344 N [--N--3000 
rpm 13344 N 
U 
W 
cr 
W 
C- 
E 
w 
M- 
80 
so 
40 5d 100 15d 20Ö 250 3 
CIRCUMFERENTIAL DISTANCE(DEGREES) 
FIGURE 3.3 TEPPERRTURE PROFILES FOR 
DIFFERENT SPEEDS 
PLAIN JOURNAL BEARING 
ý--ý-ý--c-3000 rpm 13344 N 
I--)1 3000 rpm 11120 N 
0 
w 
2 
w 
a 
E 
w 
I- 
100 150 200 250 
CIRCUMFERENTIAL DISTANCE(DEGREES) 
FIGURE 3.4 TEP1PERATURE PROFILES AT DIFFERENT LOADS 
PLAIN JOURNAL BEARING 
A 
U 
w 
Q 
w 
w I- 
FIGURE 3.5 AXIAL TEMPERATURE VARIATION 
OF PLAIN JOURNAL BEARING 
AXIAL DISTANCE (MM) 
0. 
0. 
0" 
No 
J 
3 
O 
J 
LL 0 
o. 
o. 
SPEED (RPM) 
FIGURE 3.6 FLOW RRTE VS SPEED 
PLAIN JOURNAL BEARING 
0. 
0. 
0. 
N 
J 
0. 
3 
O 
J 
LL 
0. 
0. 
o. 
LOAD (N) 
FIGURE 3.7 FLOW RATE VS LOADS 
PLAIN JOURNAL BEARING 
4. 
3" 
3. 
^ 2" 
Y 
U, in 0 2ý 
Ir w 
n3 0 
a'1 
i. 
o. 
SPEED (RPM) 
FIGURE 3.8 POWER LOSSES VS SPEED 
PLAIN JOURNAL BEARING 
4. 
3" 
3" 
2. 
Y 
CA 
N 
02 
W- w 3 
0 
CL 1 
1- 
o. 
LOAD (N) 
FIGURE 3.9 POWER LOSSES VS LOAD 
PLAIN JOURNAL BEARING 
220001 C 
20000 
1800 
2 
14 
cr- 0 J 
120 
00 
0.3 0.4 o. a 0.6 0.7 0.8 0.9 
ECCENTRICITY RATIO 
FIGURE 3.10 ECCENTRICITY VS LORD 
PLAIN JOURNAL BEARING 
2 
a 
Q 
0 
J 
SPEED RPM 
FIGURE 3.11 STABILITY DIAGRAM 
PLAIN JOURNAL BEARING 
r 
.. _, -ý ý_ 
n; 
............ ............. ............. ................ ................................................... 
........... ............. ............. ............. ............. ............. ............. ............ 
.... ........ ..... .......... ...... ..... 
............. .......... ................ . ........... 
.......... ........... ................... ............. 
.............. ....... ..... ............. .............. 
b) Vertical axis scale 36.36 pm per cm 
Horizontial axis scale 20 ms per centimeter 
Load 11200 N 
Speed 3000 rpm 
Figure 3" 12 Orbit of plain journal bearing 
below threshold of instability 
a) Scale 36.36 µm per centimeter 
Load 11200 N 
Speed 3000 rpm 
Scale 36 . 36 µm per centimeter 
Load 15680 N 
Speed 4040 rpm 
Figure 3.13 Orbit of plain journal bearing 
below threshold of instability 
=4000 rpm 8896 
N 
--+-3000 rpm 8896 N 
9 
80 
U 
W 
lx 
cz 
lx 
w 
CL E 
W 
60 
40 5d 100 150 20d 256 30d 3 
CIRCUI1FERENTIAL DISTANCE(DEGREES) 
FIGURE 3.14 TEMPERATURE PROFILES FOR 
DIFFERENT SPEEDS 
SYMMETRICAL HELICAL GROOVE JOURNAL BEARING 
3000 rpm 6672 N 
2000 rpm 6672 N 
t, 
W 
cr 70 
w 
a 
w 
I- 
40 5d 100 15d 20d 25d 30d 3 
CIRCUMFERENTIAL DISTANCE(DEGREES) 
FIGURE 3.15 TEMPERATURE PROFILES FOR 
DIFFERENT SPEEDS 
SYMMETRICAL HELICAL GROOVE JOURNAL BEARING 
----ci 0896 N 3000 rpm 
- 6672 N 3000 rpm 
90 
0 
W 
cc 
cr- 
W 
CL 
E 
W 
60 
50 
40 5d 100 15d 20d 250 
CIRCUMFERENTIAL DISTANCE(DEGREES) 
FIGURE 3.16 TEMPERATURE PROFILES AT DIFFERENT LOADS 
SYMMETRICAL HELICAL GROOVE JOURNAL BEARING 
U 
W 
cc 
W 
E 
W 
r 
FIGURE 3.17 AXIAL TEMPERATURE VARIATION 
OF SYMMETRICAL HELICAL GROOVE BEARING 
AXIAL DISTANCE (MM) 
z 
C3 
0 
J 
FIGURE 3.18 ECCENTRICITY VS LORO 
SYMMETRICAL HELICAL GROOVE JOURNAL BEARING 
ECCENTRICITY RATIO 
101 
2 
O 
c r- 
0 
J 
SPEED (RPM) 
FIGURE 3.19 STABILITY PLOT 
SYMMETRICAL HELICAL GROOVE JOURNAL BEARING 
b) Vertical axis scale 36.36 µm percentimeter 
Ilorizontial axis scale 20 rns per centimeter 
Load 4448 N 
Speed 2000 rpm 
Figure 3.20 Orbit of symmetrical helical groove journal bearing 
below threshold of instability 
a) Scale 36-36 limper conLimeter 
Load 4448 N 
Speed 2000 rpin 
Load 8896 N 
Speed 3000 rpin 
b) Scale 36.36 µm per centimeter 
Load 8896 N 
Speed 4000 rpm 
Figure 3.21 Orbit of symmetrical helical groove bearing below 
threshold of instability 
a) : ýcalc . 
3¬ .. ib µm pcr cýýrrLlrrýcýLýýr 
0 
w w D 
Q w w a E 
w 
I- 
FIGURE 3.22 TEMPERATURE PROFILE AT 2000 RPM 
ASYMMETRICAL HELICAL GROOVE JOURNAL BEARING 
CIRCUMFERENTIAL DISTANCE(DEGREES) 
0 
w 
cl: 
cc 
w 
w 
FIGURE 3.23 TEMPERATURE PROFILE AT 3000 RPM 
ASYMMETRICAL HELICAL GROOVE JOURNAL BEARING 
CIRCUMFERENTIAL DISTANCE(DEGREES) 
v 
w 
Q 
w 
w 
I- 
FIGURE 3.24 TEMPERATURE PROFILE AT 4000 RPM 
ASYMMETRICAL HELICAL GROOVE JOURNAL BEARING 
CIRCUMFERENTIAL 01 STANCE(DEGREES) 
0 
W 
Q 
W 
a 
E 
W 
FIGURE 3.25 AXIAL TEMPERATURE VARIATION 
ASYMMETRICAL HELICAL GROOVE JOURNAL BEARING 
AXIAL DISTANCE (MM) 
14 
12 
10 
z 
0 T 0 J 
SPEED (RPM) 
FIGURE 3.26 STABILITY PLOT 
ASYMMETRICAL HELICAL GROOVE JOURNAL BEARING 
Load No load 
Speed 1280 rpm 
Emr 
b) Scale 36.36 µm per centimeter 
Load 6672 N 
Speed 2000 rpm 
Figure 3.27 Orbit of asymmetrical helical groove bearing 
below threshold of instability 
a) Scale 36.36 µm per centimeter 
Scale 36.36 µm per centimeter 
Load 6673 N 
Speed 3000 rpm 
Figure 3.28 Orbit of asymmetrical helical groove bearing 
below threshold of instability 
1--; 000 rpm 
-----3000 rpm 
---ý --2000 rT 
90 
8 
0 
W 
cr- 
W 
CL E 
W 
6 
40 -50 100 150 200 250 30 
CIRCUMFERENTIAL DISTANCE(DEGREES) 
FIGURE 3.29 TEMPERATURE PROFILES AT NO LOAD 
PARTIAL HELICAL GROOVE JOURNAL BEARING 
0 
W 
Q 
Lx 
W 
d 
E 
W 
FIGURE 3.30 AXIAL TEMPERATURE VARIATION 
PARTIAL HELICAL GROOVE JOURNAL BEARING 
AXIAL DISTANCE (MM) 
0" 
o. 
0. 
N o. 
J 
3 
0 
J 
LL 
0. 
0. ý 
o. 
SPEED (RPM) 
FIGURE 3.31 FLOW RATE VS. SPEED 
PARTIAL HELICAL GROOVE JOURNAL BEARING 
cr 
C 
w w 
a 
0 
w 
w 
a 
U) 
J 
O 
O 
w 
U) 
U) 
O 
J 
ty 
w 
3 
O 
a- 
m 
m 
(Y) 
w 
ILL 
C) 
Z 
Cl 
W 
co 
J 
Q 
Z 
0 
'-) 
W 
0 
0 
X 
0 
J 
U 
J 
W 
2 
J 
Q 
F- 
cr 
cc 
a- 
v ui o ul o u) v to 
t') R) NN --+ -+ O 
(m) sso1 a3tflod 
Load No load 
Speed 1154 rpm 
Load No load 
Speed 3000 rpm 
siýý 
Figure 3.33 Orbit of partial helical groove bearing 
below threshold of instability 
a) Scale 36.36 µm per centimeter 
b) Scale 36.36 µm per centimeter 
Load No load 
Speed 3929 rpm 
Figure 3.34 Orbit of partial helical groove bearing 
below threshold of instability 
Scale 36.36 µm per centimeter 
---- PLAIN ©ERRING 
--O---SYMMETRlcnL GROOVE BERRIN 
i n2 
---+----RSYM1ETRICRL GROOVE ©ERRf 
90 
0 
w 
cc 
D 
ä 70 
w 
n. F- 
w 
Go 
40 50 100 150 20d 25d 30d 3 
CIRCIUMFERENTIAL DISTANCECOEGREES) 
FIGURE 3.35 TEMPERATURE COMPARISION 
AT LOAD 8896 N 3000 RPM 
1 
90' 
U 
w 
cc cr_ w 
a E 
w 
80' 
60' 
50' 
el PLAIN BEHRING 
SYMMETRICAL GROOVE BEARING 
-+--ASYMMETRICAL GROOVE BEARING 
PARTIAL GROOVE BEARING 
40 2d 40 60 80 to 12 
AXIAL DISTANCE (MM) 
FIGURE 3.36 COMPARISON OF AXIAL VARIATION 
OF TEMPERATURE 
AT LORD OF 8996 N 3000 rpm 
PARTIAL BEARING PLOT IS WITHOUT LORD 
16 
14 
12 
10 
Z 
c eý 
0 J 
6i 
4 
21 
SPEED (RPM) 
FIGURE 3.37 COMPARISON OF STABILITY 
EXPERIMENTAL RESULTS 
CHAPTER 4 
THEORETICAL MODEL 
4.1 Introduction 
As mentioned in chapter 1, a number of theoretical models for the helical 
groove journal bearing have been developed. Information about different types of 
helical groove bearing lubricated with air, water, grease, process fluid and oil is 
scattered in the literature. Some of the theoretical work found in the literature has 
not been validated. 
In this work an approach similar to that of Bootsma [12] and Reinhoudt 
[16] has been adopted to produce a theoretical model of helical groove journal 
bearings. The model is validated with the results of other theoretical models 
presented in the literature. It is also validated against the experimental data 
presented in Chapter 3. In this chapter the results of the theoretical model are 
presented and discussed. 
4.2 Governing Equations 
4.2.1 Reynolds Equation 
The pressure in the lubricating film between two bearing surfaces is 
governed by the Reynolds equation. The Reynolds equation in two dimensional 
form and in Cartesian coordinates, Figure 4.1, is given below [8,9,16]. 
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ä ýH3 aP) +a (N3 
aP) 
-6µUaH+12µ 
ö 
öX ax öZ ö2 dX öC 
Where ,- is the radial component of velocity of the journal centre. 
(4.1) 
The equation (4.1) is derived from the Navier Stokes equations and the flow 
continuity equation using the following assumptions: 
1 The lubricant viscosity is constant through the film thickness. 
2 Pressure is constant through the film thickness. 
3 The curvature of the bearing surface is large in comparision to film thickness. 
4 The lubricant is Newtonian. 
5 There is no slip at the fluid solid interfaces. 
6 Fluid inertia is neglected. 
The flow rate per unit length in the circumferential and axial (figure 4.1) 
direction is given by the following expressions. 
H3 ap 
µ ax + 
2U,, H 
QZ= _ 
H3 an 
12 µaZ 
Continuity of flow demands that : 
+2U (4.2) 
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aQX 
+ 
aQ2 
+ 
aH 
=o ax az at 
(4.3) 
When Q. and Q are presented in dimensionless form, equation (4.2) assumes the 
following form : 
qX = -h 3 
ap 
+1u, ax 2 
qZ = -h3 
43P 
+1 ugh 
i. e 
(4.4) 
q =-h3Vp +2 hu (4.5) 
The dimensionless flow continuity equation can be written as : 
V. q+ 
ah 
=o (4.6) 
aT 
i. e 
V. (h3Vp) -1 (V. (hu)) - 
ah=O (4.7) 
2 öT 
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Equation (4.7) is the Reynolds equation in dimensionless form. 
4.2.2 Generalized Reynolds Equation 
4.2.2.1 The Geometry of the Helical Groove Journal Bearing 
The detailed description of the helical groove journal bearing is given in 
Chapter 2. In order to provide a ready reference to the helical groove journal 
bearing an outline of its features is shown in Figure 4.2. The shallow grooves of 
rectangular shape are machined into the surface of the bush, and are inclined at 
angle a to the direction of rotation of the journal. These grooves are effective in 
only one direction of rotation. Due to the rotation of the shaft, pumping action is 
induced by the grooves and pressure is generated within the bearing. This pressure 
is governed by the generalised Reynolds equation, which is a modified form of the 
basic Reynolds equation (4.1). In order to take in to account of the helical groove 
configuration, an additional set of skew coordinates (R, S) is used as shown in 
Figure 4.1. The Reynolds equation (4.1) is then converted into (R, S) coordinates, 
(Appendix E). The dimensionless mass flow rate in the R and S direction is given 
by : 
qr =- (hr+h9) 3a+1 (hr+hg) urcost% Fr 7 
+h) u. sina (4.8) qs =- (hr+h9) 3+1 (hr 9 FS 7 
or 
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qr = -h3 
G'P +1 hurcos a ar 2 
qs = -h' 
P+1 hu8sin a(4.9 ) as 2 
where, h= hr + hg 
where, p is a local pressure over a groove ridge pair 
Continuity of flow requires that : 
aqr 
+ 
aq's 
+ 
ah 
=0 (4.10) ör as aT 
The performance characteristics of helical groove journal bearings are 
usually determined with the help of the concept of a "smoothed pressure" 
distribution around the bearing which ignores the details of the local pressure 
profile arising from discontinuties in the geometry of the bearing surface. 
The approximations and assumptions involved in this approach have been 
discussed in detail elsewhere [11,12,16]. Here, only the essential assumption 
required for the solution of equations (4.8) or (4.9) and (4.10) are presented. 
ch = Constant 
qr = Function (s) 
EP 
= Function (s) as 
= Constant (4.11) clP ör 
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The mean pressure across a ridge and a groove at every point in the 
lubricating film is defined as 
84, 
b 
Mean pressure(p) bfp ds (4.12) 
BZ 
Here b is the combined width of a groove and the ridge pair as illustrated in Figure 
4.3. It is assumed that b is so small that the slope of the pressure remains linear 
over the groove and ridge pair and that the local pressure p can be replaced by 
what is known as a "smoothed pressure" p. The mean thickness of the film is 
defined in the same way : 
8+ 2 
IJ h ds (4.13) 
S-1 
On account of the grooves, both the pressure and film thickness vary mainly 
in the circumferential direction. In order to determine the smoothed pressure 
distribution in the lubricating film, equation (4.10) is integrated between (s"b/2 ) 
and (s+b/2) in the same way as equations (4.12) and (4.13) and it is written as 
8* b ae 2 3+ 
1 
b äs J Q'd s+ är 
7 Qrds+ f at 
ds) sO (4.14) 
s- z ,"Z s- i 
By integrating this equation and applying the assumptions and approximations 
of equations (4.12) and (4.13) to each of its terms, the following are obtained : 
The first term of equation (4.14) is 
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qs1P+ 
I-a u 
sina (4.15) 8 I. 3 as I-3 2 
the second term is 
an ur (4.16) 
qr =- I+3 ar + I+1 2 cos a 
the last term is 
ah 
äT 
Taking the above into account the generalised Reynolds equation in (R, S) 
coordinates and in dimensionless form can be written as 
ös I. 3 
äs + 1_3 sin a+ ör 
(-X+3 ä+ Iicoe aý 
+ äTß0 (4.17) 
where 1.3,1+3,1.2, and 11 are the integrals for a groove of rectangular shape as 
defined in reference [16] and are obtained from the integration of equation (4.13) 
and given in Appendix G. For computational purposes the equation (4.17) is 
converted into the Cartesian coordinates system see Appendix F. Continuity of 
flow demands that: 
aqx 
+ 
aqZ 
+ 
ah 
_oca. i8 aX aZ aT 
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Where 
qx = -A22 -E- 
ap 
+ 4UXG1 
qz = -E-LP -F 
a2 
+1 UZG2 ax öz 2 
(4.19) 
are A, E, F, Gl, and G. are dimensionless coefficients of the differential equation 
and are a function of the groove shape. The specific forms of these coefficients 
are given below . 
A= costal+3+sin2a I 
3 
F= cosasina (I+3- 
1) 
-3 
E= sin2al+3+cos2a 
1 
-3 
Gl =cos2a I+l+sin2a 
I-2 
I-3 
G2 = sinacosa (I, i- I_3 
The matrix form of equations (4.19) is 
q= 
Qx 
0s 
where 
(4.20) 
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ux 
u`u 
(4.21) 
B= [B] - 
{GioJ 
-0 GZ 
q= -CVp+ 
2 BU (4.22) 
From the continuity of flow 
V. cq+äT=o 
or 
V. (CVp) -2V. (EU) - UT- 0 
(4.23) 
Equation 4.23 is the generalised Reynolds equation for a helical journal 
bearing. 
The boundary conditions for a helical groove journal bearing are :- 
(i) The pressure at the ends of the bearing is taken to be zero. 
(ii) For cavitation, Reynolds boundary conditions are used as suggested by 
Vohr and Chow [32]. 
4.3 Approximate Technique used to Solve the Generalised Reynolds Equation. 
The most commonly used approximate numerical method to solve the 
Reynolds equation for a journal bearing is the finite difference method. However, 
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the finite difference method becomes difficult to use in the analysis of a journal 
bearing in which sudden changes in the film thickness occur, as is the case of 
a helical groove bearing. Abrupt changes in film thickness are however, easily 
handled by the finite element method. It was therefore decided to apply the finite 
method to solve the generalised Reynolds equation (4.23), and hence calculate the 
steady state and dynamic properties of the various configurations of helical groove 
bearing. 
The finite element method cannot be implemented directly to solve the 
generalised Reynolds equation in the form given by equation (4.23). However, by 
using variational calculus an equivalent functional equation can be generated which 
can then be used in the finite element method. The functional equation derived in 
this way [16] has the form : 
J(P) -ff (CVp. Vp -2 (BU) . 
Vp + 
hP) dA 
A 
(-CVP +2 (BU) . n)dR (4.24) 
The bearing area is A, over which the integral is calculated with prescribed 
boundary conditions on its boundary R. Here n is the unit outward normal vector 
on the boundary R. If the pressure boundary conditions are specified at the ends 
of the bearing then the second part of the above integral equation vanishes. 
An assumption of the analysis, based on the smoothed pressure concept is 
that the distance between the grooves are small and the pressure in the lubricating 
film remains linear over a groove and ridge pair. This assumpion can be restated 
i. e, the integral area of the lubricating film can be subdivided into small regions in 
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which the pressure variation remains linear and the boundaries of the subregions 
need not necessarily lie on a groove boundary [15]. 
In the finite element method, the integral area is subdivided into small sub 
regions. These subregions can be of different shape, for instance quadrilateral or 
triangular elements. A triangular element is shown in Figure 4.4. 
The theory of the finite element method [42] assumes that the pressure in 
every element can be described in terms of the pressure at the nodes of the 
element, Figure 4.4. Assuming the pressure to vary linearly within the element the 
following equation can be written for a tringular element : 
P (X, Z) = al+a2X +a3Z (4.25) 
Pr=a1 +a2Xr+a3ZI 
PJ = al + a2XJ + a3 Z7 
PK= OG1 + a2 x+ a3 ZK (4.26) 
The above equations can be solved for a, , a2 , a, and these values can 
be 
subsituted in equation (4.25). 
Taking into account the coordinates of the nodes equation (4.25) can be 
written 
p (X, Z) _ 
(ar+b1X+c1Z)As 
+ 
(a''+b X+cZ) p+ 
2A0 2A@ (4.27) (ak+bkx+ckZ) pk 
2A9 
In term of the interpolation function [421 equation (4.27) can have the form: 
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p(X, Z) = NI pr + NJ pj + NK px (4.28) 
Pl 
LP] = [Nr NJ NKI Pj 
Pk 
ýPý _ [1V] {P} 
(4.29 
In equation (4.27) a1, bI and c1 denotes the abbreviations for the coordinates values 
like 
a1 = (XJ ZK - XK ZJ) 
bI= (ZJ- ZK) 
c1 = (XK -X J) 
The other coefficients are obtained from the cyclic permutation of the subscripts. 
From equation (4.27) it is possible to calculate the pressure differential Vp 
of equation (4.24) and introduce it in equation (4.24). Thus, 
öp pr 
ax 2Ae 
{b1 bJ bxý PJ 
K 
öp pi 
az 2Ae 
[cr cJ Cxl pJ (4.30) 
PK 
This can be written as 
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J(p) =ff (2 {p) 7 [K] TC C] [K] {p} -2[ U] T [8] [K] (p) r+ 
c3h 
at 
[NT] (PIT) dA 
LT (P) ={P}T( [k] {p}-{ku}+{k8}) (4.31) 
where 
[kp] = ff [k] T [c] [k] dA 
AG 
{k"} T= ff(u]T[B] [k] dA 
Ae 
{kg}T=ff ät[ TdA 
Ao 
In the finite element method equation (4.31) has to be minimized with 
respect to each nodal pressure pi, pj, pK. After the minimization of the functional 
the equation for an element can be produced in the following form: 
[kp] {p} -{ku} +{kg} =0 (4.32) 
The system of linear equations (4.32) consists of the same number of 
equations as there are nodes of the finite elements into which the bearing surface 
has been divided. These are solved iteratively or directly in order to find the 
pressure at each node. 
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4.4 Bearing Characteristics 
4.4.1 Steady State Characteristics 
It follows from the generalised Reynolds equation (4.23), that the pressure p 
in the lubricating film depends upon, viscosity, speed, film thickness and its time 
derivative and the boundary conditions. The expression for the film thickness in the 
fixed Cartesian system of coordinates can be written as [52]: 
H=C- EXcosO- EYsin 0 (4.33) 
and in dimensionless form as: 
h=1- excos9 - eysinO (4.34) 
If the groove angle a and the groove depth for the helical groove bearing are equated 
to zero, then equation (4.34) describes the film thickness of a plain journal bearing. 
For the helical groove journal bearing this film thickness is taken as that at the ridge 
and is used to calculate the integrals 1.3, I+3 I. 2, and I+1, Appendix E. The time 
derivative of the film thickness is the radial velocity of the journal centre. The 
expression for the radial velocity of the journal used in the computer programme is 
given as [52]: 
V0 = -excosO-evsinO 
(4.35) 
Where ek and ey are the velocities of the journal centre in the respective 
directions. 
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4.4.2 Bearing Load Calculation 
The pressure distribution in the lubricating film was determined by the finite 
element method. The components of oil film forces along the x and y axis are given 
as : 
L 2n 
fX =f fp core RdOdz 
o o (4.36) 
L 2n 
fy =f fp sinO RciOdz 
0 0 
The dimensionless bearing load is calculated from the forces components i. e 
f= (fX) +ý (fY)a 
and the attitude angle is calculated as : 
4= tan-' (ff/ fX) 
4.4.3 Stiffness and Damping Characteristics 
(4.37) 
(4.38) 
In the case of a rotor running in fluid film journal bearings, the components 
of the bearing reaction forces fx and fy are functions of the rotor equilibrium position. 
If it is assumed that the rotor is displaced from its equilibrium position without being 
misaligned, then the changes in fluid film forces due to small changes in displacement 
and velocity can be represented by equivalent stiffness and damping coefficients 
[44,45,46]. The expressions relating the forces, displacements and velocities in of 
term of linearized coo icient are ý-ý -A Y-B-BY 
O Fy =- Ax;, X - AyyY - Byxx - ByyY 
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x 
S 
Z 
0 
Figure 4.1 
R Coordinates in the direction of the groove 
X Circumferential coordinates 
Z Axial coordinates 
S Coordinates perpendicular to the direction of groove 
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Figure 4.6 Illustration of the displacenment fix of the journal 
centre from the centre of the bearing. 
CALL SUBROUTINE REDUCER 
CALL SUBROUTINE SOLVER 
CALL SUBROUTIN PRESSURE 
Figure 4.7a Steady state program flow chart C1 
enter speed 
wotkinq fluid propert 
"enter eccentricity ratio 
I enter geometrical data I 
solved Reynold's 
equation 
Calculate stiffness calculate hydrodynamic forces 
calculate damping 
III calculate attitude 
angle 
calculate stability II YES 
parameter I ITER =1, N 
r -output 
data 
stop 
No 
-e- (neatt-oldatt)< 10" 
Yes 
Figure 4.7a Dynamic Program flow chart 
(i 
o. 
o. 
N 
W 
Z O 
. -4 
Z O" W 
O 
0 
cr- 
0 
-JQ. 
o. 
FIGURE 4.7 COMPARISON OF LOAD CAPACITY 
WITH REINHOUOT(16) 
HELICAL GROOVE JOURNAL BEARING L/O=1 
ECCENTICITY RATIO ex 
2" 
1. 
N z 1" 
a 
cr- 
w i. 
J 
tD 
z 
cc 
w ci 1" 
r 
o. 
0. 
o. 
FIGURE 4.8 COMPARISON OF ATTITUDE ANGLE 
WITH REINHOUDT(16) 
HELICAL GROOVE JOURNAL BEARING L/0=1 
ECCENTICITY RATIO ex 
U, 
w w 
It U w 0 
W 
J 
Z 
Q 
W 
O 
F- 
cc 
FIGURE 4.8a COMPARISON OF ATTITUDE ANGLE 
PLAIN JOURNAL BEARING L/D=1 
WITH CAMERON (9) 
ECCENTICITY RRTIO ex 
N 
N 
U 
J 
Z 
O 
N 
Z 
U 
E 
O 
LA 
z 
U 
U 
LL 
LL 
U 
O 
U 
N 
N 
U 
Z 
LL 
LI. 
LA 
o 
o, 
FIGURE 4.9a COMPARISON OF STIFFNESS 
COEFFICIENTS WITH REINHOUO(16) 
HELICAL GROOVED JOURNAL BEARING L/0=1 
ECCETRICITY RATIO ex 
N 
N 
W 
J 
z 
O 
N 
Z 
W 
E 
O 
N 
z 
w 
c; 
LL 
LL 
w 
0 
u 
w 
z 
w 
w 
I- 
N 
0 
0 
FIGURE 4.9b COI1PARION OF STIFFNESS 
COEFFICIENTS WITH REINHOUDT(16) 
HELICAL GROOVED JOURNAL BEARING L/0=1 
ECCETRICITY RATIO ex 
N 
N 
W 
J 
Z 
O 
.r 
N 
Z 
W 
E 
O 
N 
W 10 
U 
LL 
W 
O 
V 
N 
N 
W 
Z 
LL 
U. 
N 
o: 
o. 91 
FIGURE 4.9C COIPRRION OF STIFFNESS 
COEFFICIENTS WITH REINHOUDT(IG) 
HELICAL GROOVED JOURNAL BEARING L/0=1 
ECCETRICITY RRTIO ex 
N 
N 
WJ 
Z 
0 
Z 
W 
E 
O 
N 
I- 
z 
w 
U 
Li 
w 
0 
U 
U, 
N 
w 
z 
Lt. 
f- 
N 
FIGURE 4.9d CO1PARION OF STIFFNESS 
COEFFICIENTS WITH REINHOUOT(16) 
HELICAL GROOVED JOURNAL BEARING L/0= 
ECCETRICITY RATIO ex 
2.00 
N 
w 
z t- 75 
0 
z 
1.50 
N 
w 1.25 
U 
w 
L. 
w 
a 1.00 
z 
CL 
cQ. 75 
O 
a. 
0.2 
0.2 0.4 C. 5 0.6 
EOS=Tý: CiTv RA710 ex 
FIGURE 4.10 COMPARISON OF DAMPING 
COEFFICIENTS WITH REINHOUOT (16) 
HELICAL GROOVE JOURNAL BEARING L/0=1 
Rx rº. ECc. 
--"+ý---CAX RE; Zll 
-""- "-"C*l NECRY 
-""---""-CxY RE; --R 
... 4-... cYx r4CRY 
-""-'-""CYx RE;: :; I 
---ýý"-ýYY rs»ECRY 
2" 
2" 
N 
w z 1" 
0 
z 
w EE 0.4 
0 
of 
0 J 
0. 
FIGURE 4.11 LOAD VS ECCENTRICITY 
PLAIN JOURNAL BEARING L/0=1 
ECCENTRICITY RATIO ex 
2" 
1" 
i. 
z 
cr. 
C 1" 
15 V 
w 
J 
z 1. 
Q 
W 
1 
I-. 
Q. 
F- 
F- 
Q 
o. 
o. 
FIGURE 4.12 ATTITUDE ANGLE VS ECCENTRICITY 
PLAIN JOURNAL BEARING 
ECCENTRICITY RATIO ex 
z. 
t. 
0 
U, 
w z 1" 
(-, 
H 
LL 
0 
Z 
wo. 
Z) 
N 
w 
cx 
a 0" 
o. 
ANGLE (RADIANS) 
FIGURE 4.13 PRESSURE AND FILM THICKNESS 
PROFILES 
PLRIN JOURNAL BEARING 
1- 
o. 
2 
oý 
W 
cr- 
M 
N 
U) 
W 
m 
n. 
J 
4 U" 
x 
cr- 
o. 
FIGURE 4.14 AXIAL PRESSURE VARIATION 
AT ECCENTRICITY RATIO ex=0.8 
PLAIN JOURNAL BEARING 
AXIAL DISTANCE (DIMENSIONLESS) 
0 
z 
w 0-4 
U 
w 
O 
U 
N 
Cl) 
w 
z 
L. 
LJ 
Cl) 
FIGURE 4.15 STIFFNESS COEFFICIENTS 
PLAIN JOURNAL BEARING L/D=1 
ECCENTRICITY RATIO ex 
FIGURE 4.16 OAI1PING COEFFICIENTS 
PLAIN JOURNAL BEARING L/D=1 
0. e 
ECCENTRICITY RATIO ex 
cx 
w 
1- 
w 
Q 
a 
cx 
a 
J 
N 
cx 
ti 
0.2 04O. 6 0.0 1.0 ECCENTRICITY RRTto ex 
FIGURE 4.17 STABILITY PfRIUETER . 
PLAIN JOURNAL BEARING 
0. 
0. 
N N 
j 0" z 0 
U, 
z 
w 
E 
0 
Cl 0 
0 
J 
a. 
FIGURE 4.18 LOAD VS. ECCENTRICITY RATIO 
SYMMETRICAL HELICAL GROOVE JOURNAL BEARING 
ECCENTRICITY RATIO ex 
2. 
1- 
1" 
N 
Z 
O 
Q 
lx 
w 
J 
(D 
Z 
Q 
ö 0. 
f- 
F- 
Q 
o. 
0. 
FIGURE 4.19 ATTITUDE ANGLE VS-ECCENTRICITY 
SYMMETRICAL HELICAL GROOVE JOURNAL BEARING 
ECCENTRICITY RATIO ex 
2" 
I" 
I. 
E 
N 
N 
W 
Z 
Y 
U 
I 
J 
LL 
OO 
Z' 
Q 
lx 
Z 
N 
W O, 
IX 
CL 
J. 
ANGLE (RADIAN) 
FIGURE 4.20 PRESSURE AND FILM THICKNESS 
PROFILES 
SYIIETRICRL HELICAL GROOVE JOURNAL BEARING 
0. 
0. 
2 o. 
0 
W 
Of 
U) 
N 
W 
ct 
a. Q. 
J 
cr- 
.. -0 
X 
Q 
a. 
FIGURE 4.21 AXIAL PRESSURE VARIATION 
SYMMETRICAL HELICAL GROOVE JOURNAL BEARING 
AXIAL OISTANCE(0IMENSIONLESS) 
1.01 Xx xY 
VV 
0" 
E 
0 
N 
I- 
z w 0.6 
U 
LL LL. w 0 U 
N 
0.4 z 
U. 
N 
0.2 
0.2 0.3 0.4 0.5 0.6 0.7 0.8 0.9 1" 
ECCENTRICITY RATIO ex 
FIGURE 4.22 STIFFNESS COEFFICIENTS 
SYMMETRICAL HELICAL GROOVE JOURNAL BEARING L/0=1 
L. 4 
t. 
i. 
z W 
20 
La. 
4 
W 
a 
u 
ti Z 0" 
m 
0.4 
0. 
0.2 0.4 0.6 0. 
ECCETR CITY RATIO EX 
FIGURE 4.23 DAMPING COEFFICIENTS 
SYMMETRICAL HELICAL GROOVE JOURNAL BEARING L/O=1 
xx 
XY 
YX 
YY 
Ix 
w 
w 
E 
CC 
cr: a 
r_ 
J 
M 
Q 
N 
FIGURE 4.24 STABILITY PARAMETER 
SYMMETRICAL HELICAL GROOVE BEARING 
ECCENTRICITY RRTIO ex 
o. 
o. 
U, 
Cl) 
w 
-1 
0- 
Z 
0 
z w E 
0 
0 
0 
J 
0. 
FIGURE 4.25 LOAD VS. ECCENTRICITY RATIO 
ASYMMETRICAL HELICAL GROOVE JOURNAL BEARING 
ECCENTRICITY RATIO ex 
2" 
1. 
1. 
N 
z 
cc 
0 1" Q 
LX 
w 
J 
z i. 
Q 
W 
O 
'-.. ob I- 
cc 
o. 
o. 
FIGURE 4.26 ATTITUDE ANGLE VS. ECCENTRICITY 
ASYMMETRICAL HELICAL GROOVE JOURNAL GEARING 
ECCENTRICITY RRTIO 
2" 
i. 
2 1. 
0 
N 
N 
Z i" 
V 
U 
2 
LL 
C3 
z 
c0 
a 
N 
N 
W 
ir a 0. 
o. 
ANGLE (RADIAN) 
FIGURE 4.27 PRESSURE AND FILM THICKNESS 
PROFILES 
ASYMMETRICAL HELICAL GROOVE JOURNAL BEARING 
o. 
0" 
0. 
W 
N 
N 
W 
D.. 
J 
cr. 0" 
x cr. 
0. 
FIGURE 4.28 AXIAL PRESSURE VARIATION 
AT ECCENTRICITY RATIO OF ex= 0.8 
ASYMMETRICAL HELICAL GROOVE JOURNAL BEARING 
AXIAL DISTANCE(DIP1ENSIONLESS) 
1.0 -es-"xx xr 
rx 
rr 
o. 
E 
0 
U, 
Z 0. w 
LL. 
w 
O 
U 
U, w 0" 
z 
LL. 
cn 
0. 
0.2 0.3 0.4 0.5 0.6 0.7 0.0 0.9 1. 
ECCENTRICITY RATIO ex 
FIGURE 4.29 STIFFNESS COEFFICIENTS 
ASYMMETRICAL HELICAL GROOVE JOURNAL BEARING L/0=1 
1.4 BCXX 
o--CXY 
CYX 
VV 
1.2 
O 
N 
la. 
u Q. 
ý7 
Q. 
0. 
0.2- 0.4 0.6 
ECCENTRICITY RATIO ex 
FIGURE 4.30 DAMPING COEFFICIENTS 
ASYMMETRICAL HELICAL GROOVE JOURNAL BEARING L/0=1 
w 
w I- w E 
cc 
Of 
Q 
a 
J 
m 
cc 
N 
FIGURE 4.31 STABILITY PARAMETER 
ASYMMETRICAL HELICAL GROOVE BEARING 
ECCENTRICITY RATIO ex 
o. 
0" 
0. 
N 
W Q" 
J 
Z 
O 
N 
Z 
WQ. 
E 
C3 
D J 0" 
o. 
o. 
FIGURE 4.32 LOAD VS. ECCENTRICITY 
PARTIAL HELICAL GROOVE JOURNAL BEARING 
ECCENTRICITY RATIO ex 
z. 
I. 
1" 
N 
z 
ö 1" 
CC 
15 
w 
J 
C) 
Q 
W 
cc 
o. 
0"; 
FIGURE 4.33 ATTITUDE ANGLE VS ECCENTRICITY 
PARTIAL HELICAL GROOVE JOURNAL BEARING 
ECCENTRICITY RATIO ex 
2" 
1- 
-I. 0 
N 
N 
w 
z 1. 
Y- u 
I 
J 1" 
LL 
O 
Z 
Q 
w of D N 
N 
W 
mo a 
0". 
ANGLE (RADIANS) 
FIGURE 4.34 PRESSURE AND FILM THICKNESS 
PROFILES 
PARTIAL HELICAL GROOVE JOURNAL BEARING 
and in dimensionless form they become: 
fx = -Kxxx -K,, y -C, x -C, ý, 
y 
(4.40 ) A fy = - K, 3, x - Kyyy - Cy,, x - Cyyy 
The calculation of the dynamic coefficients require some further explanation. 
The stiffness coefficients Al and AY1 , for example, determined by the displacement 
of the journal through a small distance x from the equilibrium position x=0. This 
results in increments of AF, and AFy in F,, and Fy respectively, so that 
A--A 
FX 
X 
A=-O 
Fy 
yx X 
Similarly, An, and A17 are determined with a small change in displacement y, 
B1 and By. are determined with the small change in velocity X, B=y and Byy are 
determined with a small change in velocity y. The perturbation of position and 
velocity should be small enough such that the incremental change in forces is 
approximately linear. 
4.4.4 Stability Analysis 
Bearing stability is usually investigated by considering a very rigid rotor. In 
the present analysis it is assumed that the bearing housing of mass M undergoes free 
vibration. All the other forces such as unbalance forces are considered zero. The 
equations of motion describing the free vibrations are given below [44,45,46]. 
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AxxX +A Y+BJ+B k0 
(4.41) 
MY +AyX+AyyY+Bxyk+ByyYin 0 
If a small perturbation is assumed then an analysis of the perturbation growth 
or decay with time about the equilibrium position is required. 
Consider the oil film forces acting as though they were produced by linear 
springs and dampers. The displacement of the journal within the oil film can then be 
represented by: 
Xelt 
Y= Ye lc (4.42) 
Where k is a complex number i. e. X=P+j 12, where j= d-1 and 0 is the frequency 
of vibration. If ?. is positive, the journal motion is unstable and grows with time. If 
X is negative, the journal motion is stable and decays with time. If the system is 
operating at the stability threshold then P=0. Hence, at the onset of instability for 
small disturbances, the displacement response is : 
X= Xejn t (4.43 ) 
Y= Yen t 
The stability analysis which is detailed in Appendix H, produces a stability 
parameter, i. e 
Sp = 
6)2C (4.44) 
b 
where, 
M= Mass of the bearing housing [kg] 
w= Angular speed of the Journal [ rad/sec] 
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C= Radial clearance [m]. 
wb =Bearing load at the threshold of instability [N] 
For a given bearing the linearized analysis produces a threshold value of S, 
below which the journal is unstable [3]. In the present analysis the bearing load at the 
threshold of instability for each speed and equilibrium position is calculated by using 
equation (4.44). 
4.5 Computer Program 
A computer program which used the finite element method was developed for 
the calculation of the steady state and dynamic characteristics of journal bearings both 
with and without rectangular grooves. With this program, it was possible to calculate 
the performance of both a plain journal bearing, and helical groove journal bearings 
of various configurations, Figures 4.5a to 4.5d. 
A comparison of theoretical results with published work was made. In this 
regard, the assumptions and approximations involved in the derivation of the 
generalised Reynolds equation (4.23) are similar to those of Reinhoudt [16]. The 
steady state and dynamic properties are calculated in [16] for a helical groove bearing 
bearing, Figure 4.5b and other types of journal bearings, using a component of 
eccentricity EX as illustrated in Figure 4.6. In the present program, as data the 
eccentricity EX is input. The mesh size was chosen on the basis of the smoothed 
pressure concept i. e ,a finite number of grooves were not taken into account. A 
similar approach was adopted by other authors, Bootsma [12,13], Vohr and Chow [32] 
and Smally [15]. 
On a Sun work station, it was possible to use a 36 x 12 nodes mesh to cover 
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the full bearing surface. For bearings such as the plain journal bearing, the pressure 
profile is symmetric about mid axial plane and so only half the bearing needed to be 
considered and so a mesh size of 45 x4 nodes was used. 
Outlined in the flow charts in Figure 4.7a, first is the flow chart of the computer 
program to compute steady state properties, whilst the second is the flow chart of the 
program to compute the response coefficients and stability parameter of the bearing 
is shown. The program starts by reading in the bearing geometry, clearance, lubricant 
viscosity, boundary conditions and speed. The static eccentricity EX is input to the 
computer program. The mesh size i. e the number of elements along the circumference 
and along the axial length of the bearing is also established at this stage. The data are 
read through the subroutine 'INPUT. 
In the first part of the program the subroutin " MESHGEN " generates the 
coordinates of the nodal points, and also form the triangular elements. The nodes with 
specified boundary conditions are then segregated. Because the static eccentricity is 
input, the film thickness corresponding to this eccentricity is calculated for each node. 
In the next step is that the contribution of each element to the main matrix is 
determined by the subroutine "ASSEMBLE". The set of simultaneous equations for 
the nodal pressure are obtained after the application of the boundary conditions in 
subroutine "REDUCER". The equations are then solved by subroutine "SOLVER" 
using Gaussian elimination and the nodal pressures are obtained. The nodal pressures 
are then used to calculate the bearing reaction forces. To ensure the accuracy of the 
solutions the following convergence limits were imposed in the iterative calculation 
of pressures and attitude angle. 
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Accuracy ffi Abs - 
[New pressure-Old pressure]< 10"' 
New pressure 
Accuracy=Abs [New attitude-Old attitude] <10"4 
In the program negative pressures were set to zero before the pressure field 
was integrated for the calculation of load, attitude angle and for the plotting of the 
pressure profile. Following convergence of the pressure field, the equilibrium position 
of the journal centre was obtained by iteration of the attitude angle until required 
accuracy was achieved. In order to find the stiffness coefficients, the journal centre 
was perturbed in the x and y direction by a small amount, typically . 0001. Similarly, 
by perturbing the journal centre velocity, and repeating the calculations, the damping 
coefficients were determined. Using the response coefficients, the stability parameter 
and the bearing load at the threshold of instability were then calculated. 
4.6 Program Validation 
In order to determine the accuracy of a theoretical model, it is common 
practice to compare results with other results or with experimental results. The results 
of the present model have been compared with those of Reinhoudt [161, Nobuyoshi, 
et al. [37] and Cameron [9]. 
4.6.1 Comparison with Reinhoudt 
The theoretical model of the helical groove journal bearing adopted in this 
work was first used to model the bearing illustrated in Figure 4.5b. The bearing 
aspect ratio was 1 and data were input to the computer program in dimensionless 
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form. The groove data in the dimensionless form are given in Table 4.1. 
Table 4.1 Groove data of Reinhoudt Bearing 
Groove Depth hg Groove Angle bg/br 
1.1 0.52 radians 1.0 
It was assumed that: 
(i) The pressure at the ends of the bearing was zero. 
(ii) At cavitation the Reynolds boundary conditions were used. 
The results compared with those in reference [16], are shown in Figures 
4.7 to 4.10. These curves show that the difference in dimensionless load is 
about 8 to 9%, the difference in stiffness coefficients is approximately 12%, and 
the difference in damping coefficients is slightly higher than 12% 
4.6.2 Comparison with Nobuyoshi 
The present model was also compared with the recently published work 
of Nobuyoshi et al [37] on the static characteristics of an irreversible 
herringbone groove journal bearing. Their analysis was based on a narrow 
groove theory. The differential equation for nodal pressure was solved by the 
finite difference method. 
The bearing aspect ratio was 1 and the groove data in dimensionless 
form are given in Table 4.2. 
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Table 4.2 Groove Data of Nobuyshi Bearing 
Groove Depth hg Groove Angle bg/br 
1.1 0.52 radians 1.0 
The following boundary conditions were adopted : 
(i) Pressure at the edge of the bearing was taken to be zero. 
(ii) The Gumbel boundary conditions were used i. e. all the negative 
pressures are set to zero before integrating to obtain the load. 
The results, in the form of dimensionless load capacity are compared in Table 
4.3. 
Table 4.3 Comparison of Load Capacity 
Eccentricity Dimensionless bearing load 
Present work 0.25 0.06 
Reference [37] 0.25 0.06 
Present work 0.5 0.13 
Reference [37] 0.5 0.12 
Present work 0.75 0.24 
Reference [37] 0.75 0.23 
The agreement is satisfactory. The present work predicts a bearing load 
which is about 7% greater than the load calculated by Nobuyoshi. 
4.6.3 Comparison with Cameron [9] 
The computed results of attitude angle for a plain journal bearing with 
L/D =1 are compared in Figure 4.8a. The model results are about 11.5 to 12 % 
higher than those of Cameron [9]. 
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4.6.4 Reasons for Discrepancies 
There could be a number of reasons for the differences between the 
results of the present model and those of Reinhoudt. The most obvious 
differences are probably related to different computational techniques used. 
(1) In the finite element method the solution accuracy depends upon the 
type of element and the number of elements used to subdivide the bearing 
surface. The accuracy can be improved by making the element mesh finer. 
However, the choice of element mesh size has to be considered with respect to 
the calculation. The mesh size used in the present work is described in section 
4.5. Nothing is known about the mesh size used in the work of Reinhoudt [16]. 
(2) The results of Reinhoudt for the helical groove journal bearing 
Figure 4.5b, were not previously compared with any experimental or theoretical 
results. 
(3) The finite element method generates the algebraic equations. The 
overall accuracy of the finite element method depends on the method of solution 
of these equations. It is known, for example, that the direct method of solution 
produces truncation errors [51]. 
4.7 Theoretical Results 
Numerical results for four types of bearing are now presented and 
discussed. The numerical model predictions are about 11 to 12 % less in 
comparison to those in published work [16] , as described in section 
4.6. The 
bearing load is obtained by integrating the hydrodynamic pressure. Linearized 
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dynamic coefficients are obtained from small numerical perturbations of the 
journal equilibrium position. The dynamic coefficients so obtained are used to 
determine the stability of the beating about the equilibrium position. The 
theoretical results such as bearing load, attitude angle, response coefficients and 
stability parameter are plotted vs eccentricity ex, defined in Section 4.5. 
4.7.1 Plain Journal Bearing 
The dimensionless bearing load and attitude angle as functions of 
eccentricity ratio are shown in Figures 4.11 and 4.12 respectively. The 
dimensionless circumferential pressure and film thickness profiles are given in 
Figure 4.13, whilst the axial pressure profile of the bearing is shown in Figure 
4.14. The dimensionless stiffness and damping coefficients as functions of 
eccentricity are plotted in Figures 4.15 and 4.16 respectively. In Figure 4.17 is 
shown the stability parameter as a function of eccentricity ratio. 
4.7.2 Symmetrical Helical Groove Journal Bearing 
The steady state characteristics such as dimensionless bearing load and 
attitude angle are shown in Figures 4.18 and 4.19 as a function of eccentricity 
ratio. The circumferential pressure and film thickness profiles are plotted in 
Figure 4.20, whilst the axial pressure profile of the bearing is given in Figure 
4.21. The dimensionless stiffness and damping coefficients as functions of 
journal equilibrium position are shown in Figures 4.22 and 4.23. The graph in 
Figure 4.24 shows the stability parameter as a function of eccentricity ratio. 
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4.7.3 Asymmetrical Helical Groove Journal Bearing 
The curves in Figures 4.25 and 4.26 show the dimensionless bearing load 
and attitude angle respectively. The circumferential pressure and film thickness 
profiles are plotted in Figure 4.27. The axial pressure profile is shown in Figure 
4.28. Figures 4.29 and 4.30 show the linearized coefficients as a function of 
journal eccentricity ratio. The dimensionless stability parameter vs eccentricity 
ratio is shown in Figure 4.31. 
4.7.4 Partial Helical Groove Journal Bearing 
The load capacity and attitude angle graphs are shown in Figures 4.32 
and 4.33 respectively. The circumferential pressure and film thickness profiles 
are given in Figure 4.34. The axial variation of the pressure is shown in Figure 
4.35. The curves plotted in Figures 4.36 and 4.37 show the dimensionless 
stiffness and damping coefficients as functions of eccentricity ratio . The 
stability parameter of the bearing vs eccentricity is shown in Figure 4.38. 
4.7.5 Overall Comparison of the Bearing Performance 
4.7.5.1 Bearing Load 
It can be seen from Figure 4.39 that in the eccentricity range from 0.6 to 
0.8 the load capacity of the plain bearing is appreciably greater than that of the 
helical groove bearings. However, in the same eccentricity range the load 
capacity of the partial helical groove bearing is higher than that of the 
symmetrical and asymmetrical helical groove bearings. The reason for this is 
because the partial helical groove bearing contains an ungrooved part, which 
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contributes considerably to the load capacity. The load capacity of both 
symmetrical and asymmetrical helical groove bearings is almost the same. 
4.7.5.2 Attitude Angle 
A comparison of attitude angle " between the four types of bearings 
investigated is made in Figure 4.40. It can be seen that at low eccentricities 
the symmetrical and asymmetrical bearings are run with a much lower attitude 
angle as compared with the plain bearing and partial bearing. However, at 
greater eccentricities, all four bearings run with smaller attitude angle. This is 
because, in the plain bearing and also in the partial bearing, the large value of 
attitude angle is due to the fact that the plain bearing derives most of the load 
capacity from the wedge effect. As the eccentricity increases, the attitude angle 
becomes smaller because of cavitation and stability is improved. In the case of 
a grooved bearing, beside the wedge effect, the action of a groove itself is very 
important. The groove produces a pressure field in addition to that of wedge 
effect. It is generally known that in the case of the plain journal bearing the 
wedge effect remains small or vanishes due to whirling motion of the journal at 
half of the journal speed [16]. However, if the journal in the grooved bearing 
whirls, pressure will still be generated by the groove effect. 
4.7.5.3 Comparison of Stability 
The critical mass is determined from the numerical solution of the 
linearized equations of motion, Appendix H. and is given by equation (4.44). 
The critical mass as defined by Lund [44] is considered as a measure of 
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sensitivity of a particular bearing to instability. It gives a quantitative indication 
of the bearing load at the threshold of instability, below which the bearing is 
unstable. 
In Figure 4.41 the dimensionless critical mass is plotted against 
eccentricity ratio. It should be noted, that at low eccentricities the plain bearing 
is the least stable bearing and is followed by the partial bearing. The most 
stable bearing at low eccentricities is the symmetrical bearing and the stability 
of the asymmetrical bearing is somewhere between that of the plain and 
symmetrical bearings. At an eccentricity higher than 0.6, the plain journal 
bearing is the more stable. In general the vibration amplitude of a rotor is 
governed by the amount of damping and its critical speed by the stiffness of the 
bearing oil film . If the machine has to run at low eccentricity then the helical 
groove journal bearing is a preferred choice. In the case of higher eccentricity 
operation, a plain journal bearing is preferred because of its load capacity and 
stability. 
4.7.6 Discussion of Theoretical Results 
The calculation of pressure in the lubricating film of the helical groove 
journal bearing was based on the concept of a smoothed pressure. The 
circumferential pressure and film thickness profiles for the plain journal bearing 
are shown in Figures 4.13 whilst Figures, 4.20,4.27 and 4.34 show the same 
for the helical groove bearings. 
The extent of cavitation in the case of the helical groove bearings is 
much less, as compared to that of the plain journal bearing. The maximum 
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dimensionless negative pressure at an eccentricity ratio of 0.8 is - 0.0235 in the 
case of the helical grooved bearing and it is -0.7688 in the case of the plain 
journal bearing. These values correspond to the bearing boundaries being 
assumed to be at the atmospheric pressure, i. e gauge pressure. It can be seen, in 
the case of a bearing with an axial through flow of lubricant, such as 
asymmetrical helical groove journal bearing Figure 4.27 that the cavitation 
boundaries are about the same as that in the plain journal bearing, Figure 4.13. 
The cavitation boundaries of the partial and symmetrical helical groove bearing 
Figures 4.20 and 4.34 are however different. This is due to the sealing effect of 
the grooves causing the lubricant to be retained in the bearing, and as a result 
the pressure inside the bearing is increased . It can be said that for the self- 
sealing helical groove bearing cavitation may not occur at all. The axial 
pressure profiles of the plain bearing and the symmetrical bearing Figures 4.14, 
4.21 are almost symmetrical at about the mid axial plane. The axial pressure 
profile of the asymmetrical bearing is plotted in Figure 4.28. The axial pressure 
profile about the mid axial plane in partial bearing, Figure 4.35 is not symmetric 
and is in addition much higher over the plain portion of the bearing. Due to 
this, the bearing tends to become misaligned (as this was observed during 
experiment) and the stiffness varies along the axial length of the bearing and so 
affects the stability of the bearing. 
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CHAPTER 5 
COMPARISON OF THEORETICAL AND EXPERIMENTAL RESULTS 
5.1 Introduction 
In this chapter theoretical results such as the load on the bearing at the 
threshold of its instability and the static bearing load, determined for the plain 
bearing and a symmetrical and an asymmetrical groove bearings, are compared with 
experimental results. The theoretical results for the partial bearing are not 
compared with experimental data because this bearing was only tested at the 
concentric position for reasons described in Chapter 3. 
In general, there is fairly good agreement between the bearing loads 
determined theoretically and those obtained experimentally. However, the 
theoretical loads tended to be slightly higher than those found experimentally. 
The main difference between the model results and experiment results is in 
the area of bearing contribution to rotor stability. The present model overestimates 
the stability. It is known that the stability of a rotor bearing system is influenced 
by the stiffness and damping properties of the bearing. If these properties are 
determined theoretically then they are governed by : 
1) The accuracy of the numerical solution of the Reynolds equation and its 
boundary conditions. 
2) The running conditions of the bearing represented by the Sommerfeld number 
[53] 
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S= Ni_ (c)2 (5.1) 
where, N= speed (rpm) 
C/R = Clearance ratio 
µ= Viscosity of the lubricant 
P= Bearing pressure N/rn2 
The significance of running conditions will be discussed when comparing 
the theoretical and experimental results for each type of bearing tested. 
5.2 Quantitative Comparison 
In order to compare theoretical and experimental results quantitatively a 
correlation coefficient was used [54]. The correlation coefficient which measures 
the degree of correlation is given as: 
r= 
E ßx1-X) (Y1-Y) 
i-i (5.2) 
T E (x1 =x) 2] I ý+ ýY1'Y) 2] 
1 1 1-1 
or, E dxdY 
, REd 2) (Edy ) 
where, 
x, - Denotes each theoretical value. 
x- Denotes the mean value of the theoretical values. 
dx=(x, - X ), deviation of each theoretical value from the mean. 
66 
yi - Denotes each experimental value. 
7- Denotes the mean value of all experimental values. 
dY (yi - -y ), deviation of each experimental value from the mean. 
E d,, dy Sum of the product of the deviations from the mean. 
E d,, Sum of the deviation of the theoretical data from the mean. 
E dy Sum of the deviation of the experimental data from the mean. 
The values of the sum of the product and the values of the sum of the mean 
are substituted in the correlation formula. The value of r is calculated and if it is 
equal to 1 then there is perfect correlation. If the value of r is equal to zero then 
there is no correlation. 
5.3 Plain Bearing 
5.3.1 Bearing Load 
Theoretical and experimental values of load at various eccentricities are 
plotted in Figure 5.1. It can be seen that the two curves are close to each other, 
have similar shape and show the same trend. The correlation between them is 0.8 
It can therefore be said that there is good quantitative agreement between the 
theoretical and experimental bearing load. However, at low and high eccentricity 
ratios, the theoretical results deviate from the experimental results. The results 
calculated by the theoretical model were based on a constant viscosity assumption. 
At a speed of 3000 rpm, the change of load from 8896 N to 11120 N resulted in 
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a temperature increase of about 4°C in the minimum film region, Figure 5.1. At 
an eccentricity ratio of 0.8 the corresponding experimental load on the bearing was 
about 22000 N and therefore the temperature increase in the minimum film region 
would have to be higher. It is known, that a model that does not take in to 
account variable viscosity produces higher theoretical loads [571. 
5.3.2 Stability 
For a given journal speed, static load, and equilibrium eccentricity the 
bearing load at the threshold of instability was determined experimentally. The 
theoretical value of the critical load was calculated for the same speed and 
eccentricity ratio used during experiments. The following input data were used: 
Journal speed = 2000 rpm 
Bearing housing weight = 110 kgf 
Stability parameter at eccentricity ratio of 0.65 from Figure 4.17 = 3.65 
Radial bearing clearance = 0.125 mm 
According to equation (4.44) the stability parameter is : 
s =MCca2 p Wb 
w=MCw& bS 
P 
i. e wb = 1612.6 [N] 
The above example shows that at a speed of 2000 rpm and eccentricity ratio 
of 0.65 the journal will become unstable below a load on the bearing of 1612.6 N. 
The calculated and measured values of critical bearing load at the threshold of 
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instability are plotted in Figure 5.2. The comparison shows that at each spccd the 
theoretical bearing load required to keep the journal stable is lower than the 
experimentally determined load. The correlation between theory and experiment is 
about 0.31 which points to rather poor quantitative agreement. However, it has to 
be pointed out that qualitative agreement between theory and experiment is quite 
good as indicated by the shape and trend of the curves in Figure 5.2. A number 
of reasons can be identified to account for the discrepancy between theory and 
experiment. In the theoretical model the viscosity of the lubricant was assumed 
constant. During the experiments when the oil inlet temperature was about 40 °C 
a rise in temperature of 30 °C in temperature of the lubricant was quite possible 
due to the high shearing rates within the lubricating film. Besides, under certain 
conditions the film thickness profile, which is affected by the geometry of the 
bearing bore, loading and thermal effects is different in practice to the one used in 
the Reynolds equation [53]. A model which does not take into account the viscosity 
variation around the bearing calculations higher pressures within the oil film than 
there are in reality. Due to viscosity variation the equilibrium position of the shaft 
can also be different. These factors undoubtedly affect the stiffness and damping 
coefficients of the bearing and hence the critical bearing load.. 
Using short bearing theory and utilizing an exponentional relationship 
between temperature and viscosity Nikolajsen [55] showed that the instability 
threshold boundary can be increased. In this way, for example, the present model 
could be tuned to give better quantitative agreement with experiment. 
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5.4 Symmetrical Helical Groove Bearing 
5.4.1 Bearing Load 
Theoretical and measured loads at a speed of 3000 rpm and at different 
eccentricity ratios are compared in Figure 5.3. The theoretical model predicts 
slightly higher loads as compared to the measured loads. The correlation coefficient 
is 0.78 which points to reasonable quantitative agreement between theory and 
experiment and as in the case of the plain bearing, the qualitative agreement is also 
good. As before, the reason for the discrepancy is most probably the constant 
lubricant viscosity assumption in the model. 
5.4.2 Stability 
The experimental and theoretical loads at the threshold of instability are 
compared in Figure 5.4. It can be seen that there is a substantial difference 
between them. The correlation coefficient in this case is about 0.12. Although it 
points to poor quantitative agreement, nevertheless, the qualitative agreement is 
acceptable. The shape and trend of both the curves is the same and it seems that 
the model requires some modification to bring its predictions into line with 
experiment. The most obvious remedy is to relax the constant viscosity 
assumption. In addition in a helical groove bearing the performance characteristics 
depend upon the groove parameters such as, groove angle, ratio of groove width 
to ridge width, ratio of groove clearance to ridge clearance, etc. These parameters 
have been optimized by various authors [12,15,56] in order to secure optimum 
bearing performance. The optimum groove dimensions used in the model are given 
in Chapter 2 Section 2.2. In the model it is assumed that these dimensions are 
constant. However, in practice the bearing does have variations, for example, in 
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groove depth, which has an important affect on the load and stability of the 
bearing. Moreover, the stability of the bearing is known to be effected by the ratio 
of groove depth to ridge clearance [19,56]. These variations in the geometry of 
experimental bearing are bound to contribute to the discrepancy between theoretical 
and experimental results. 
S. 5 Asymmetrical Helical Groove Bearing 
The nominal dimensions of the bearing and the groove parameters of this 
type of bearing were the same as that of the symmetrical bearing. The arrangement 
of the groove length along the axial length of the bearing was however different 
and is detailed in Figure 2.12. 
5.5.1. Bearing Load 
As mentioned in Chapter 3, Section 3.3.6, the asymmetrical bearing was 
stable up to a speed of 1280 rpm without any load on the bearing. Above this 
speed the bearing was unstable below an eccentricity ratio of 0.7. Thus it was 
only possible to measure the load on the bearing above the eccentricity ratio of 0.7 
and so the experimental data is limited to one measurement for each speed. The 
data is presented in Table 5.1. With one experimental data point for each speed 
it is difficult to draw firm conclusions. However, the trend of the relationship of 
the load with speed is the same in both the theoretical and experimented results. 
The higher theoretical loads seem to be due, as before, to the constant viscosity 
assumption. 
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Table 5.1 
Eccentricity ratio Speed rpm Theoretical load Experimental load 
0.72 2000 4928 N 6672 N 
0.85 3000 9483 N 8896 N 
0.9 4000 11530 N 11200 N 
5.5.2 Stability 
Calculated and measured loads at the threshold of bearing instability arc 
compared in Figure 5.5. The correlation coefficient between the results of model 
and experiment is about 0.1. The quantitative agreement between the theoretically 
calculated stability, represented by the critical load, and the experimentally 
determined value of load at the threshold of the bearing instability is poor. 
However, both curves shown in Figure 5.5 have the same trend and almost the 
same shape. The gap between the two curves could probably be reduced by 
relaxing the constant viscosity assumption. The performance of the helical groove 
bearing like the performance of other bearings depends upon the precision with 
which it was manufactured. Both the load capacity and stability of the helical 
bearing are adversely affected by any departure from the optimum groove geometry 
[19,56]. This provided further reason for the observed discrepancies between the 
results of the model and those of experiment. 
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CHAPTER 6 
CONCLUSIONS 
The experimental and theoretical studies have been conducted in order to 
determine the steady state and dynamic performance of a plain journal bearing and 
three types of helical groove journal bearing namely, a symmetrical, asymmetrical 
and partial groove bearing. On the basis of the results the following conclusions 
can be formulated: 
(1) The load carrying capacity of the helical groove bearing is about half of the 
plain journal bearing as determined theoretically and experimentially. 
(2) Under the same conditions of load and speed it was observed during 
experiment that the symmetrical helical groove bearing ran about 13.5 °C hottcr 
than the other three bearings. 
(3) The estimated power losses of the symmetrical bearing is 0.965 to 1.1 kW 
greater than those of the other three bearings studied experimentially. 
(4) The symmetrical and asymmetrical bearings allows stable running at the 
speeds of 1645 rpm and at 1280 rpm respectively without any applied load. 
However, above these speeds the load must be applied to maintain 
stability. At higher eccentricity ratios, the plain bearing is more stable than 
the grooved bearing. It was observed in case of symmetrical helical groove 
bearing that below the threshold of instability the size of the whirl orbit 
remains restricted, where as in the case of the plain journal bearing the 
whirl amplitude grows rapidly. This can be regarded as an advantage of the 
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grooved bearing in the case of high amplitude vibration. 
(5) The partial helical groove bearing is not a practical bearing because the bearing 
becomes misaligned when loaded above 2224 N. 
(6) Depending upon the boundary conditions, the extent of cavitation in 
the helical groove bearing is much less than that in the plain journal bearing. 
(7) The stability of the helical groove bearing generally does not increases so 
rapidly as that of plain bearing with increase in eccentricity ratio, particular h 
higher eccentricity ratio. 
The overall conclusion of the investigation is that if a bearing of a turbo- 
machine has to run at low eccentricity ratios then a helical groove bearing could 
improve its margin of stability. In case of higher eccentricities, however, the plain 
journal bearing is the better choice because of its greater stability and higher load 
capacity. 
Two additional lines of study can be suggested, they are : 
(1) For high speed and light load it is important that the bearing should run stable 
and cool. For this purpose the asymmetrical bearing should be further 
optimized. 
(2) A journal bearing with a circumferential groove in the middle and only few 
helical grooves ought to be investigated. In such a bearing the direction of 
the helical groove should interact with rotation of the journal in order to 
pump the lubricant toward the end of the bearing. This type of bearing could 
be more stable and have increased load capacity. Bcsides, the better removal 
of the heat due to the outward pumping action of the grooves, would probably 
ensure cooler running of the bearing. 
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APPENDIX A 
TO CALCULATE NUMBER OF HELICAL GROOVES 
In this appendix following parameters of the groove are to be calculated 
i) Lead angle 
II) Circular pitch 
iii) Number of the groove to be provided in the surface of the bearing 
i) The lead angle qr is the angle of inclination of the groove with the 
job axis as shown in the figure below: 
Axis of job 
b 
tu 
Q) ' 
N 
H --. _. ý... fd - . __ýi 
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--"-- nd 
cot'Y a 
Lead 
nd 
Lead = "icd cot4r = nd cot{90-33) 
Lead= ncd tans - 3.14 *127 *0.649 
Lead = 259.10 
PC = Circular pitch 
pn = Normal pitch =2.0 
x= Circular position of individual cut 
r=2.0* cosec 33 =3.676 
P, = 2.0*x=7.352 
(iii) Therefore the number of grooves are given as : 
N= (3.14* 127.0)/ 7.352 = 54 
Lx 
FIGURE A. l 
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APPENDIX I3 
THERMOCOUPLE CALIBRATION 
The thermocouples are calibrated at two temperatures i. e at the boiling point 
of water and freezing point. There is no provision in the data acquistion system to 
correct the false temperature measured by the thermocouple. Therefore, in the data 
acquisition computer program it was arranged to correct the measured temperatures 
before they are displayed on the screen. The formula used to calculate correct 
temperature is given as: 
Ta (Tt-To 
Te _ Tioo-£0 
Where, 
TT Is a corrected temperature. 
T, Is a false temperature measured by the thermocouple. 
TI, Boiling point temperature of the water measured by the thermocouple. 
To Zero point temperature °C measured by the thermocuple. 
T, Boiling point temperature of the water which is 100 at atmospheric 
pressure of 760 mm Hg. 
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APPENDIX C 
FLOWMETER CALIBRATION 
The flowmeter was calibrated using a variation of the "bucket and 
stopwatch" technique. The return pump of the lubricating system has greater 
pumping performance than the supply pump and so emptying of the sump by the 
return pump had to be controlled by float switch Figure A. 2. 
The volume of the oil between the two switch levels was determined by carefully 
adding measured amounts of oil in to the sump. The flowrate of oil in to the sump 
could then be obtained by measuring the time between the return pump switching 
off and on then dividing in time to the volume. The flowmetcr was thus calibrated 
over the flow range, for experimental oil at 40°C and the calibration curve is given 
in Figure A. 3 
Pump 'On' Level 
Average Volume b. tw.. n Loyola I float Switch. * 0.02094 m""3 
Pump 'Off" Level J- ----- -- 
R. tum Pump 
Figure A. 2 Schematic Diagram of Lubrication System Sump 
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APPENDIX D 
POWER LOSS ESTIMATION 
Power absorbed by the bearing due to the shearing of the oil film in the 
bearing, produces temperature rise in the oil, bearing components and shaft. Due 
to the temperature rise, heat then flows from the bearing system by the processes 
of convection conduction and radiation. An estimate of power losses can therefore 
be made by measuring the heat flow from the bearing. The amount of heat carried 
away by convection i. e by the oil, can therefore be calculated from oil flow rate 
through the bearing and the difference between the oil inlet temperature and outlet 
temperature 
Heat Flow (convected) = QQ Cv ( Tout-T j n) 
For high speed journal bearings, this accounts for approximately 85 - 95 % of the 
heat flow and so, in this study, chosen as the power loss of the bearing 
In experiment the oil inlet temperature was the temperature of the oil just before 
entering the housing and oil outlet temperature was the temperature of the oil in 
the drain to the return pump. 
During experiments it was observed that the bearing inlet temperature flactuated 
as much as 1* C° about the mean. 
89 
APPENDIX E 
COORDINATE TRANSFORMATION X, Z TO R, S COORDINATES 
Coordinate X and Z are related to R, S coordinate as follows : 
R=X cosa+Z sins 
S =X cosa-Z sins (E. 1) 
a_ a aR+a as ýx ýR ýx as ax 
äz - äR äi + äs äz (E. 2) 
TZ-cosa aR +sina 
as 
-sins aR-cosa S 
(E. 3) 
aa 
ax cosa sins OR (E. 4) 
a sins-cosa a 
az as 
The Reynolds equation (4.1) in X and Z coordinate can be written as 
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a (_ x3 a1+ +a (_ H3 äpß + air ao (E. 5) ýx µ12 ýx 2 az µ12 az dt 
To converting in to R and S coordinate equation (E. 5) become 
3 
(cosa 
c IR 
ä) 
µ 12 
{cos+sina}+*wi} 
c3S 
33 
+ (sina oR -cosa 
aS)12 
sins 
. 
-cosa 
e+ä 
=o 
(E" 6 
µ 
H3 Pe+ l uzHcosa (E. 8) ýr 
p12 äR 7 
Q8=- H3 
Lp 
+1 USNsina 
(E. 7) 
µ12äS 2 
The Reynolds equation in R and S coordinates is as follows 
aQ apt gy 
as aR at 
° ýE' 
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APPENDIX F 
TRANSFORMATION OF COORDINATES FROM R, S COORDINATES TO 
X, Z COORDINATE 
The R and S coordinates are related to coordinates X and Z as follows 
X=Rcos a+ S sin a 
Z=Rsina - Scosa (F. 1) 
(F. 2) 13 - cl CIX C3 (I z FR äX äR + öz (3R 
a_a ax+ a az ýs - ýx ýs az as 
aR= cos aX+ Sin a 
aZ (F. 3) 
as = Sin a 
äX 
- Cosa az 
The Reynold's equation for smoothed pressure in R and S coordinates is 
given as: 
a1 LP 
+1U 
1-2 
sins äs 1_3 äS 2s I_3 (F. 4) 
1 ricos aý + ar 
f 
-I3 8R +2U 
+ät=0 
(sin a ja- +2u, sin aT ax - cos a 
äZ) i3 
sin a 
aX 
- cos a -? Z 
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(cos a 
aX+sin 
Z) 
f 
-I3cos a X+sin 
a 
aZ+ 
2 uz cos alit + 
an 
_0 
Expanding last two equations and denoting the constants 
A= Sin a2ý3+ I3 Cosa2 
E=Costa 1 
I_3 
+I,, 3 sin2a 
F= Cosa sin a 1+3 -1 I_3 
Gl= 
{S1fl2a1_3 
+COS a2il 
1-2] 
G2 = Sin a cos a I+1- 13 I_3 
qx= -EL (3z 2 
qz= -E 
LX 
-F 
Z+ 1 UZ G2 (F. 6) 
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APPENDIX G 
TO CALCULATE INTEGRALS I. 3. I+3 9I. 2 J+, 
The equations to calculate integerals L3 1I$. 3 , I. 2 , I+1 for the groove of rectangular 
shape Figure 4.3. Assuming the groove depth hg is constant, and hr is the film 
thickness for a ridge, r is the ratio of ridge width to groove width and b is the 
combined width of a agroove ridge pair, 
h=hr+hg 
The equations to calculate the integrals are given as [16]: 
I_3_ 1 r+1 
1 +r hr2 h3 
I, 3 = 1+r 
[rhr3+h3] 
11+1 I_2= 
1+r 1+hr2 h2 
[rhr+h] 1+1 = 1+. r 
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APPENDIX H 
STABILITY PARAMETER 
The bearing stiffness and damping coefficients are used in the stability 
analysis of a bearing. The equations of motion [43,44,45 1 can be written as 
Mx + Axx X+ Axy Y +Bxx X+ Bxy y=0 
My + Ay, X+ A3, Y + By. X+ Byy y=0 (H. 1) 
If we assume a small perturbation of the shaft so that the oil film forces act as 
linear spring dampers. The stability of equation (H. 1) can be assessed by assuming 
a solution 
X= X@)t 
Y='t'ext 
(H. 2) 
X and Y are small displacements of the shaft about the equilibrium position. 
x=p+JS2 J=, r"i 
and n is frequency of vibration 
At the threshold of instability p=0, i. e 
%=in 
and 
X= 
_X@7At Y= X@ °a t 
(H. 3) 
(H. 4) 
(H. 5) 
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Substituting expression (H. 5) into equation (H. 1), we get in the matrix form, 
(-IM 2 +Axx+J fl ) (Ay+JQB, y) (F. 6) 
(AAX+JQBBX) (-MQ2+Ar, +J 2Byy) 
[J 
=0 
For a non-trivial solution the determinat of the coefficient matrix must be 
equal to zero i. e. 
(-MQ2+A +J(Bnc) (-MQ2+Ay, +Jl2Byy) (H. 7) 
- (A3, x+JDB3, x) 
(Ax4, +Jf Bxy) a0 
Expanding the above equation and separating the real and imaginary parts, we get 
Re= Q2 (BXYBYXBXXBxy) +(A, X-Hinz ) 
(Ayy-MA2) AJOAyx 
and an imaginary part (H. 8) 
fl J (A, aByy+AyyB, =-AxxByX 
AyxEl, y) -MQ 
2 (B, 
rx+Byy) 
11 J 
Hence for the onset of the stability real and imaginary parts are equal to zero. 
Q2 =_(A. -MQ2) 
(Ayy-Mf22) -AxyAyx) (H. 9) 
BxxBrr-BxyBYx ) 
MQz _CA», 
+Ays, Bxx-A rx-Ay, ýByx) (H . 10 I (Bxx+Byy ) 
In the dimensionless form the response coefficients are given as: 
Ar, , xC KrýJ= W 
b (11.11) 
roCw 
ICJ Wb 
Multiplying both the numerator and denominator of the RHS of equation (11.9)by 
C/wb and both side by 1/0 , we have 
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(k. - 
AM ZC) (KYy- M02C) - (KxyKYx) (H. 12 ) n)2 Wb Wb 
ca cxcvy-c r, cyX 
Multiply both the numerator and denominator of RHS of F. 10 by Cwt/wb and both 
sides by C/wb MC1 ZC=K, °`CYY+KyyCy"-K", CY"-KYxC"y (H. 13) 
WC. ,; c +Cyy 
From equation (H. 12) 
(K, K0) (Kn, -K0) -KxvKyx IV 
w CXXCyy-Cxycbx 
From equation (H. 13) 
Mf2C 
_Ko Wb 
MU2 b. 2C_ Ko 
Wb 
Mw2C K 
__ O=s b U2 p 
"'' is called stability parameter and is also known as the critical WD 
M= Mass of housing [kg] 
w2 = Speed of Journal (rad /sec) 
C= Radial clear m 
SZ = Whirl speed (rad/sec) 
Wb = Bearing load at the threshold of instability [N] 
KO = Effective bearing stiffness (N/rn) 
u= whirl speed ratio 
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APPENDIX I 
Computer programm list follows after this page 
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C PROGRAMME TO ANALYISE STEADY STATE AND DYNAMIC CHARACTERSTICS. 
C OF HELICAL GROOVE JOURNAL BEARING. 
REAL KXX, KXY, KYX, KYY, LASQ, LASQ2, L MCR 
INTEGER TA, SW, ELE, COUNTER 
REAL DG(432) 
REAL NEWATT, NEWPRESS, IPRESS, LMIN 
COMMON/NODES/NN, N, 000RD(432,2) 
COMMON/ELEMEN/NEL, TA(792,4), THETA(432), HS(432), H(432) 
COMMON/BC/SW(432), PIDS(432) 
COMMON/PRESET/PR(432), NRN, IN(432) 
COMMON/BR/L, R, ATNGLE 
COMMON/INLET/PH1, PH2, DIA, LMIN 
COMMON/ROTATE/VIS, SPEED, OMEGA 
COMMON/SPIRAL/ALFA, HO, GAM 
COMMON NC, NL, C, IPRESS, BPRESS X, Y 
DATA PI/3.1415926/ 
READ(5, *) L, R, C, X, Y, ATNGLE 
PRINT *, L, R, C, X, Y, ATNGLE 
READ(5, *)VIS, SPEED 
PRINT *, VIS, SPEED 
READ(5, *) ALFA, HO, GAM 
PRINT *, ALFA, HO, GAM 
READ(5, *)NC, NL 
PRINT *, NC, NL 
READ(5, *)IPRESS, BPRESS 
PRINT *, IPRESS, BPRESS 
OMEGA=(2. *PI*SPEED)/60. 
OLDPRESS=0.0 
COUNTER=O 
DO 30 ITER=1,10 
COUNTER =COUNTER+1 
OLDATT=ATNGLE 
print*, 'oldatt' 
print*, oldatt 
XX=X/C 
YY=Y/C 
VX=0.0 
VY=0.0 
CALL FINITE(DG, XX, YY, VX, VY, COUNTER) 
CALL FORCE(DG, FX, FY) 
NEWATT=ATAN(-FY/FX) 
ATDIF=ABS(NEWATT-OLDATT) 
PRINT*, 'ATDIF' 
PRINT*, ATDIF 
NEWPRESS=0.0 
DO 40 I =1, NN 
NEWPRESS=DG(I)+NEWPRESS 
40 CONTINUE 
PRDIF=ABS((NEWPRESS-OLDPRESS)/NEWPRESS) 
PRINT*, 'PRDIF' 
PRINT*, PRDIF 
IF(((PRDIF. LE.. 0001). AND. (ATDIF. LE.. 0001)) 
1 . OR. (ITER. EQ. 10))THEN 
GO TO 144 
ELSE 
OLDPRESS=NEWPRESS 
ATNGLE=NEWATT 
ENDIF 
30 CONTINUE 
144 RESULT=SQRT(FX**2+FY**2) 
FO=(12.0*VIS*OMEGA*R**4)/C**2 
PRINT*, 'FO' 
PRINT*, FO 
FX1=FO*FX 
FY1=FO*FY 
WTO=SQRT(FX1**2+FY1**2) 
SUMF=((VIS*SPEED*L*2. *R)/(60. *WTO))*(R/C)**2 
EX=SQRT(XX**2+YY**2) 
WRITE (6 , 16) L, R, C 16 FORMAT(///, 1X, 'LENGTH=', F6.1,4X, 'RADIUS=,, F6.1,4X, 
1 'CLEARANCE=', F10.6) 
WRITE(6,17)ALFA, HO, GAM 
17 FORMAT(///, 1X, 'GROVE ANGLE=', F8.3,4X, 'GROOVE DEPTH=' 
1 , F6.2,4X, 'GAB=', F6.2) 
WRITE(6,18) NC, NL 
18 FORMAT(///, lX, 'NUMEBER OF ELEMENT ALONG CIRCUMFERENCE=', 
1 17,4X, ' NUMBER OF ELEMENT AXIAL=', 17) 
WRITE(6,21)FX, FY 
WRITE(6,22)RESULT 
WRITE(6,25) ITER, PRSDIF, ATDIF 
WRITE(6,26) FX1, FY1, ATNGLE 
WRITE(6,27)SUMF, WTO, SPEED EX 
WRITE(6,28)VIS 
21 FORMAT(///, 1X, 'FX=', F10.3,4X, 'FY=, ' F10.3) 
22 FORMAT(///, 1X, 'RESULT=', F12.3) 
25 FORMAT(///, lX, 'ITER=', I5,4X, 'PRESDIFF=', F12.7 
1 , 4x, 'ATTDIFF=', F12.7) 26 FORMAT(///, lx, 'FX1=', F12.3,4x, 'FY1=', F12.3 
1 , 4X, 'ATNGLE=', F8.3) 27 FORMAT(///, 1X, 'SUMF=', F12.4,4X, 'LOAD=', F15.2,4X, 
1 'SPEED=', F10.2,4x, 'EC=', F10.4) 
28 FORMAT(///, 1X, 'VIS=' , F12.7, 'REYNES') 
do 111 i =1, nn 
write(6,112) COORD(I, 1) , DG(I), H(I) 112 format(3F8.4) 
111 continue 
WT=150 
XX=X/C 
print*, 'XXI 
print*, XX 
YY=Y/C 
print*, IYY' 
print*, YY 
PTBN=. 0001 
XPDX=XX+PTBN 
CALL FINITE(DG, XPDX, YY, 0.0,0.0, COUNTER) 
CALL FORCE(DG, FXPX, FYPX) 
XPDX=XX-PTBN 
CALL FINITE(DG, XPDX, YY, 0.0,0.0, COUNTER) 
CALL FORCE( DC, FXNX, FYNX) 
YPDX=YY+PTBN 
CALL FINITE(DG, XX, YPDX, 0.0,0.0, COUNTER) 
CALL FORCE(DG, FXPY, FYPY) 
YPDX=YY-PTBN 
CALL FINITE(DG, XX, YPDX, 0.0,0.0, COUNTER) 
CALL FORCE(DG, FXNY, FYNY) 
DFXX=(FXPX-FXNX)/(2. *PTBN) 
DFYY=(FYPY-FYNY)/(2. *PTBN) 
DFXY=(FXPY-FXNY)/(2. *PTBN) 
DFYX=(FYPX-FYNX)/(2. *PTBN) 
C 
PTBN=. 0001*OMEGA 
XX=X/C 
YY=Y/C 
CALL FINITE (DG, XX, YY, PTBN, 0.0, COUNTER) 
CALL FORCE(DC, CXPX, CYPX) 
CALL FINITE (DG, XX, YY, -PTBN, 0.0, COUNTER) 
CALL FORCE(DG, CXNX, CYNX) 
CALL FINITE (DC, XX, YY, 0.0, PTBN, COUNTER) 
CALL FORCE(DG, CXPY, CYPY) 
CALL FINITE (DC, XX, YY, 0.0, -PTBN, COUNTER) 
CALL FORCE(DC, CXNY, CYNY) 
CFXX=(CXPX-CXNX)/(2. *PTBN) 
CFYY=(CYPY-CYNY)/(2. *PTBN) 
CFXY=(CXPY-CXNY)/(2. *PTBN) 
CFYX=(CYPX-CYNX)/(2. *PTBN) 
C CALCULATE STIFFNES DIMENSIONLESS 
KXX=-DFXX 
KXY=-DFXY 
KYX=-DFYX 
KYY=-DFYY 
AXX=KXX*FO/C 
AXY=KXY*FO/C 
AYX=KYX*FO/C 
AYY=KYY*FO/C 
C DIMENSIONAL DAMPING COEFFICIENT 
C CALCULATE DAMPINGS 
CXX= -CFXX 
CXY=-CFXY 
CYX=-CFYX 
CYY=-CFYY 
cxx1=CXX/C 
CXYI=CXY/C 
CYx1=CYX/C 
CYYI=CYY/C 
BXX=(CXX1*FO)/OMEGA 
BXY=(CXY1*FO)/OMEGA 
BYX=(CYX1*FO)/OMEGA 
BYY=(CYY1*FO)/OMEGA 
WRITE(6,300) 
300 FORMAT(///, lx, 'DIMENSIONLESS CHARACTERSTICS') 
WRITE(6,350) KXX, CXX, KXY, CXY 
WRITE(6,400) KYY, CYY, KYX, CYX 
WRIMa (6,402x- 
401 --rQRMAT(//. 
-1X. 'DIMENSIONAL CHARACTERSTICS') 
-' WRITE'( 6; 4 501AXX', 'B7C , AXY; BXt" 
WRITE(6,55O) AYY, BYY, AYX, BYX 
350 FORMAT(////, 1X, 'KXX=, ' F10.4,4x, 'CXX=, 'F10.4 
1 , 4X, 'KXY=, 'F10.4,4X, 'CXY=, 'F10.4) 400 FORMAT(///, 1X, 'KYY=, 'F10.4,4X, 'CYY=, 'F10.4 
1 , 4X, 'KYX=, 'F10.4,4X, 'CYX=, 'F10.4) 
450 FORMAT(///, 1X, 'AXX=, 'F12.2,4X, 'BXX=, 'F12.2 
1 , 4X, 'AXY=, 'F10.2,4X, 'BXY=', F10.2) 
550 FORMAT(///, 1X, 'AYY=, 'F12.2,4X, 'BYY=, 'F12.2 
1 , 4X, 'AYX=, 'F12.2,4X, 'BYX='F12.2) 
C 
C CALCULATE STABILITY PARAMETER 
D1=(KXX*CYY+CXX*KYY-CXY*KYX-CYX*KXY)/ 
1 (CXX+CYY) 
D2=(AXX*BYY+BXX*AYY-BXY*AYX-BYX*AXY)/ 
1 (BXX+BYY) 
LASQ2=((AXX-D2)*(AYY-D2)-AXY*AYX)/ 
1 (BXX*BYY-BXY*BYX) 
Print*, 'LASQ2' 
Print*, LASQ2 
LASQ=((KXX-D1)*(KYY-D1)-KXY*KYX)/ 
1 (CXX*CYY-CXY*CYX) 
print*, 'LASQ' 
print*, LASQ 
Q=D1/LASQ 
print*, 'Q' 
print*, Q 
IF(Q. LT. 0.0) GOTO 644 
OMS=SQRT(Q) 
OM1=SQRT(WT*(C/386. )*1. /WTO)*9.55 
THRES=OMS/OM1 
WRITE(6,600) Dl 
WRITE(6,601) D2 
600 FORMAT(/////, 1X, 'EFFECTIVE BEARING STIFFNESS r, ' F10.4) 
601 FORMAT(//, 1X, 'EFFECTIVE BEARING STIFFNESS D2=, ' F15.2) 
644 WRITE(6,650)WH 
650 FORMAT(////, 1X, 'WHRIL FREQUENCY =, ' F10.3) 
WRITE(6,700)OMS 
700 FORMAT(////, 1X, 'STABILITY PARAMETER=, 'F12.6) 
WRITE(6,750) 
750 FORMAT(////, lx, 'STABILITY PARAMETER UNBOUNDED') 
WRITE(6,800) THRES 
800 FORMAT(//, lx, 'THRES HOLD SPEED=', F10.2) 
STOP 
END 
C************************************************************ 
SUBROUTINE FINITE(DG, XX, YY, VX, VY, COUNTER) 
REAL KG(432,432), UG(432), VG(432) 
REAL KR(432,432), PG(432), PRE(432) 
REAL DG(432), DR(432), RG(432) 
REAL NEWPRESS, NEWATT , IPRESS, L, LMIN 
INTEGER TA, SW, ELE 
COMMON/NODES/NN, N, 000RD(432,2) 
COMMON/ELEMEN/NEL, TA(792,4), THETA(432), HS(432), H(432) 
COMMON/BC/SW(432), PDIS(432) 
COMMON/PRESET/PR(432), NRN, IN(432) 
COMMON/BR/L, R, ATNGLE 
COMMON/INLET/PH1, PH2, DIA, LMIN 
COMMON/ROTATE! VIS, SPEED, OMEGA 
COMMON/SPIRAL/ALFA HO, GAM 
COMMON NC, NL, C, IPRESS, BPRESS, X, Y 
DATA PI/3.1415926/ 
CALL INPUT (XX, YY, VX, VY, COUNTER, NT, NR, PG) 
CALL ASMB(NT, KG, UG, VG) 
CALL REDUCER (NT, NR, KG, PG, KR, PRE, UG, VG) 
CALL SOLVER(NR, KR, DR, PRE) 
CALL PRESS(NT, NR, DR, DG) 
RETURN 
END 
SUBROUTINE INPUT(XX, YY, VX, VY, COUNTER, NT, NR, PC) 
INTEGER SW 
REAL PG(432), L, IPRESS, LMIN 
COMMON/NODES/NN, N, 000RD(432,2) 
COMMON/ELEMEN/NEL, TA(792,4), THETA(432), HS(432), H(432) 
COMMON/BC/SW(432), PDIS(432) 
COMMON/PRESET/PR(432), NRN, IN(432) 
COMMON/BR/L, R, ATNGLE 
COMMON/INLET/PH1, PH2, DIA, LMIN 
COMMON/ROTATE/VIS, SPEED, OMEGA 
COMMON/SPIRAL/ALFA, HO, GAM 
COMMON NC, NL, C, IPRESS, BPRESS, X, Y 
DATA PI/311414/ 
CALL MESH(XX, YY, VX, VY, COUNTER) 
NT=NN 
DO 10 I=1, NT 
PG(I)=0.0 
SW(I)=0 
10 PDIS(I)=0.0 
NR=NT 
DO 20 J=1, NRN 
K=IN(J) 
SW(K)=1 
PDIS(K)=PR(J) 
20 NR =NR-1 
RETURN 
END 
C 
SUBROUTINE MESH(XX, YY, VX, VY, COUNTER) 
REAL IPRESS, L, LMIN 
REAL ZOUT(432), ZIN(432), NCR, NLR 
REAL LINE(432) IPRESS 
INTEGER TYPE(432), TYPA(432), ELE, TA SW, COUNTER 
COMMON/NODES/NN, N, COORD(432,2) 
COMMON/ELEMEN/NEL, TA(792,4), THETA(432), HS(432), H(432) 
COMMON/PRESET/PR(432), NRN, IN(432) 
COMMON/BR/L, R, ATNGLE 
COMMON/INLET/PH1, PH2, DIA, LMIN 
COMMON/ROTATE! VIS, SPEED, OMEGA 
COMMON NC, NL, C, IPRESS, BPRESS, X, Y 
DATA PI/3.1415926/ 
print *, Inc' 
print *, nc 
print *, 'n1' 
print *, nl 
print *, 'ipress' 
print *, ipress 
print *, 'bpress' 
print *, bpress 
print *, '1' 
print *, 1 
print *, 'r' 
print *, r 
print *, 'c' 
print *, c 
print *, 'ec' 
print *, XX 
print *, YY 
print *, 'COUNTER' 
print *, COUNTER 
IF(COUNTER. EQ. 1)THEN 
NCR=NC*1.0 
NLR=NL*1.0 
DX=(2. *PI)/NCR 
DL=L/R 
DZ=DL/NLR 
IF(LMIN. LT. L/2.0)THEN 
POSN1=(LMIN/2.0-DIA/2.0) 
POSN2=(LMIN/2.0+DIA/2.0) 
ELSE 
POSN1=(L/2.0-DIA/2) 
POSN2=(L/2.0+DIA/2.0) 
ENDIF 
IF(PH1. LE. 0)THEN 
PH1=PH1+2.0*PI 
ENDIF 
APOX=PI/360 
IR=O 
DO 10 I=1, (NC+IR) 
LINE(I+IR)=(I-1)*DX 
10 CONTINUE 
NEL=(NC+IR)*NL 
NN=(NC+IR)*(NL+1) 
DO 20 I=1, (NL+1) 
ZOUT(I)=(I-1)*DZ 
20 CONTINUE 
NOS=O 
DO 30 I=1, (NL+1) 
DO 40 J=1, (NC+IR) 
NODE=((I-1)*(NC+IR))+J 
COORD(NODE, 1)=LINE(J) 
COORD(NODE, 2)=ZOUT(I) 
IF(TYPE(J). EQ. 1)THEN 
IF(TYPA(I). EQ. 1)THEN 
NOS=NOS+1 
IN(NOS)=NODE 
PR(NOS)=IPRESS 
ENDIF 
ENDIF 
IF((I. EQ. 1). OR. (I. EQ. (NL+1)))THEN 
NOS=NOS+1 
IN(NOS)=NODE 
PR(NOS)=BPRESS 
ENDIF 
40 CONTINUE 
30 CONTINUE 
NRN=NOS 
DO 50 I=1, NL 
DO 60 J=1, (NC+IR) 
ELE=((I-1)*(NC+IR))+J 
TA(ELE, 1)=((I-1)*(NC+IR))+J 
TA(ELE, 4)=(I*(NC+IR))+J 
IF(J. EQ. (NC+IR))THEN 
TA(ELE, 3)=(I*(NC+IR))+1 
TA(ELE, 2)=((I-1)*(NC+IR))+1 
ELSE 
TA(ELE, 3)=TA(ELE, 4)+1 
TA(ELE, 2)=TA(ELE, 1)+1 
ENDIF 
60 CONTINUE 
50 CONTINUE 
CALL SPLIT 
ENDIF 
PRINT *, 'NL' 
PRINT *, NL 
PRINT *, 'NC' 
PRINT *, NC 
print XX 
print YY 
print *, IVY, 
print *, Vy 
print *, 'VX' 
print *, VX 
print *, 'ATNGLE' 
print *, ATNGLE 
DO 70 I=1, (NL+1) 
DO 80 J=1, NC 
NODE=(I-1)*NC+J 
THETA(NODE)=LINE(D)-ATNGLE 
HS(NODE)=-VX*COS(THETA(NODE))-VY*SIN(THETA(NODE)) 
H(NODE)=1.0- XX*COS(THETA(NODE))- YY*SIN(THETA(NODE)) 
80 CONTINUE 
70 CONTINUE 
RETURN 
END 
SUBROUTINE OUTPUT 
INTEGER TA, ELE, SW 
COMMON/NODES/NN, N, 000RD(432,2) 
COMMON/ELEMEN/NEL, TA(792,4) , TIHETA(432), HS(432), H(432) 
COMMON/PRESET/PR(432), NRN, IN(432) 
CO4NON/BC/SW(432), PDIS(432) 
WRITE(6,40) 
WRITE(6,60)NN 
WRITE(6,80)NEL 
40 FORMAT(///, 10X, '****GENERATED MESH DATA****', //) 
60 FORMAT(1HO, 10X 'NUMBER OF NODAL POINTS=', I6) 
80 FORMAT(1HO, 14X, 'NUMBER OF ELEMENTS=', 16) 
WRITE (6,100) 
WRITE (6,120) 
100 FORMAT(1HO, 4X, 'NODAL POINTS COORDINATES') 
120 FORMAT(1H0,2X, 'NODES NO', 10X, 'X-COORD', 10X, 'Z-COORD') 
DO 10 NP=1, NN 
10 WRITE(6,140)NP, (000RD(NP, ID), ID=1,2) 
140 FORMAT(I10,2F15.5) 
WRITE(6,160) 
WRITE (6,180) 
160 FORMAT(//, 4X, 'ELEMENTS NODAL CONNECTION') 
180 FORMAT(//, 4X, 'ELEMENTS', 4X, 'NODAL POINTS', 7X, 'CONNECTION NO') 
DO 20 ELE=1, NEL 
20 WRITE(6,220)ELE, (TA(ELE, N), N=1,3) 
220 FORMAT(1x, 10i5) 
WRITE(6,240) 
240 FORMAT(//, 4X, 'NODES NO WITH KNOWN PRESSURE', 6X, 'PRESSURE VALUE') 
RETURN 
END 
SUBROUTINE SPLIT 
INTEGER LEN(4), TA, ELE 
C 
COMMON/NODES/NN, N, COORD(432,2) 
COMMON/ELEMEN/NEL, TA(792,4), THETA(432), HS(432), H(432) 
KOUNT=O 
DO 10 ELE=1, NEL 
NOTAL=NEL+ELE 
DO 10 INODE=1,4 
10 TA(NOTAL, INODE)=TA(ELE, INODE) 
DO 40 ELE=1, NEL 
NOTAL=NEL+ELE 
DO 20 INODE=1,4 
INDEX=TA(NOTAL, INODE) 
LEN(INODE)=INDEX 
20 CONTINUE 
C 
c G0 T0 15 
C DIVIDE ACROS THE SHORTEST DIAGONAL 
C DIAG1=SQRT((CORD(1, l)-COR(3,1))**2+(CORD(1,2)-CORD(3,2))**2 
c DIAG2=SQRT(CORD(2,1)-CORD(4,1))**2+(CORD(2,2)-CORD(4,2))**2 
c DIFER=DIAG1-DIAG2 
c IF(DIFER. GT. 1. OE-09)GOTO 30 
KOUNT=KOUNT+1 
TA(KOUNT, 1)=LEN(Z) 
TA(KOUNT, 2)=LEN(2) 
TA(KOUNT, 3)=LEN(3) 
KOUNT=KOUNT+1 
TA(KOUNT, 1)=LEN(Z) 
TA(KOUNT, 2)=LEN(3) 
TA(KOUNT, 3)=LEN(4) 
GO TO 40 
30 KOUNT=KOUNT+1 
TA(KOUNT, 1)=LEN(Z) 
TA(KOUNT, 2)=LEN(Z) 
TA(KOUNT, 3)=LEN(4) 
KOUNT=KOUNT+1 
TA(KOUNT, 1)=LEN(2) 
TA(KOUNT, 2)=LEN(S) 
TA(KOUNT, 3)=LEN(4) 
40 CONTINUE 
NEL=2*NEL 
RETURN 
END 
C «******************«*«************«w*****w*«*«*****"«********«.. w. w 
c SUBROUTINE ASMBLER 
SUBROUTINE ASMB (NT, KG, UG, VG) 
REAL KG(432,432), UG(432), VG(432) 
REAL KE(3,3), XE(3), ZE(3) 
REAL UE(3), VE(3) 
INTEGER TA 
COMMON/NODES/NN, N, COORD(432,2) 
COMMON/ELEMEN/NEL, TA(792,4), THETA(432), HS(432), H(432) 
DATA PI/3.1415926/ 
DO 5 I=1, NT 
DO 5 J=1, NT 
KG(I, J)=O. O 
CONTINUE 
DO 6 I=1, NT 
UG(I)=0.0 
VG(I)=0.0 
6 CONTINUE 
C 
DO 10 IE =1, NEL 
N=3 
IF(((TA(IE, 3)-TA(IE, 1)). EQ. 1). OR. 
+ (TA(IE, 3)-(TA(IE, 2)-1)+TA(IE, 1)). EQ. TA(IE, 3))THEN 
DO 7 I=1, N 
IF(((I. EQ. 2). OR. (I. EQ. 3)). AND. 000RD(TA(IE, I), 1). EQ. 0.0)THEN 
XE(I)=2. *PI 
ZE(I)=COORD(TA(IE, I), 2) 
ELSE 
XE(I)=COORD(TA(IE, I), 1) 
ZE(I)=COORD(TA(IE, I), 2) 
ENDIF 
7 CONTINUE 
ELSE 
DO 8 I=1, N 
XE(I)=COORD(TA(IE, I), 1) 
ZE(I)=COORD(TA(IE, I), 2) 
8 CONTINUE 
ENDIF 
IF(IE. LE. NEL/2)THEN 
CALL ELEMENT1(IE, N, XE, ZE, KE, UE, VE) 
CALL ELEMENT2(IE, N, XE, ZE, KE, UE, VE) 
ENDIF 
C 
DO 30 I=1, N 
IL=I 
IG=TA(IE, I) 
UG(IG)=UG(IG)+UE(IL) 
VG(IG)=VG(IG)+VE(IL) 
DO 40 J=1, N 
JL=J 
JG=TA(IE, J) 
KG(IG, JG)=KG(IG, JG)+KE(IL, JL) 
40 CONTINUE 
30 CONTINUE 
10 CONTINUE 
RETURN 
END 
ELSE 
C w****************w*********************+#***r*******w**rw**r*r+*** 
SUBROUTINE ELEMENT(IE, N, XE, ZE, KE, UE, VE) 
REAL KE(3,3), UE(3), VE(3) 
REAL XE(3), ZE(3), B(3), C(3), HE(3), HSE(3) 
INTEGER TA 
REAL L 
COMMON/ELEMEN/ NEL, TA(792,4), THETA(432), HS(432), H(432) 
COMMON/BR/L, R, ATNGLE 
COMMON /ROTATE/VIS, SPEED, OMEGA 
DATA PI/3.1415926/ 
CALL PROP1(XE, ZE, B, C, AE) 
Do 3 I=1, N 
DO 3 J=1, N 
KE(I, J)=0.0 
3 CONTINUE 
DO 4 I=1, N 
UE(I)=0.0 
VE(I)=0.0 
4 CONTINUE 
OM=(2.0*PI*SPEED)/60.0 
U=OM*R 
RP=U/(OM*R) 
DO 50 I=1, N 
HE(I)=H(TA(IE, I)) 
HSE(I)=HS(TA(IE, I)) 
50 CONTINUE 
HI=HE(1) 
HJ=HE(2) 
HK=HE(3) 
HA=(HI+HJ+HK)/3.0 
HSI=HSE(1) 
HSJ=HSE(2) 
HSK=HSE(3) 
HSA=(HSI+ISJ+HSK)/3.0 
C 
DO 60 I=1, N 
DO 70 J=1, N 
KE(I, J)=KE(I, J)+(HA**3)/(4.0*AE)*(B(I)*B(J)+C(I)*C(J)) 
70 CONTINUE 
UE(I)=UE(I)+ ((RP*HA)/4.0)*(B(I)) 
VE(I)=VE(I)+(HSA*AE)/3.0 
60 CONTINUE 
RETURN 
END 
C********************************************************************* 
SUBROUTINE PROP1(XE, ZE, B, C, AE) 
REAL XE(3), ZE(3), B(3), C(3) 
B(1)=ZE(2)-ZE(3) 
B(2)=ZE(3)-ZE(1) 
B(3)=ZE(1)-ZE(2) 
C(1)=XE(3)-XE(2) 
C(2)=XE(1)-XE(3) 
C(3)=XE(2)-XE(1) 
AE=(XE(2)*ZE(3)+XE(3)*ZE(1)+XE(1)*ZE(2)-XE(2)*ZE(1) 
+ -XE(3)*ZE(2)-XE(1)*ZE(3))/2.0 
RETURN 
END 
C 451 «««««««««««««««««««««««««««««««««««*******««««««*******««*««««««« 
SUBROUTINE REDUCER (NT, NR, KG, PG, KR, PRE, UG, VG) 
INTEGER NT, NR 
REAL KG(NT, NT), KR(NR, NT), PG(NT), PRE(NT) 
REAL UG(NT), VG(NT) 
INTEGER SW 
COMMON/BC/SW(432), PDIS(432) 
IR=O 
DO 5 I=1, NR 
DO 6 J=1, NR 
KR(I, J)=0.0 
6 CONTINUE 
5 CONTINUE 
DO 10 I=1, NR 
PRE(I)=0.0 
10 CONTINUE 
DO 20 I=1, NT 
IF(SW(I). NE. 1)THEN 
IR=IR+1 
PRE(IR)=PG(I)+UG(I)-VG(I) 
JR=O 
DO 30 J=1, NT 
IF(SW(J). EQ. 1)THEN 
PRE(IR)=PRE(IR)-(KG(I, J)*PDIS(J)) 
ELSE 
JR=JR+1 
KR(IR, JR)=KG(I, J) 
ENDIF 
30 CONTINUE 
ENDIF 
20 CONTINUE 
RETURN 
END 
C 481 ********, r***********************, º**********************, r** 
SUBROUTINE SOLVER (N, A, X, Y) 
REAL A(N, N), X(N), Y(N), SUM, Q 
DO 10 K=1, (N-1) 
IF(A(K, K). EQ. 0.0) THEN 
PRINT*, 'GAUSS FAILED!! ' 
ENDIF 
DO 20 I=(K+1), N 
Q=A(I, K)/A(K, K) 
Y(I)=Y(I)-(Q*Y(K)) 
DO 30 J=(K+1), N 
A(I, J)=A(I, J)-(Q*A(K, J)) 
30 CONTINUE 
20 CONTINUE 
10 CONTINUE 
DO 50 I=N, 1, -1 
SUM=Y(I) 
DO 60 J=(I+1), N 
SUM=SUM-(A(I, J)*X(J)) 
60 CONTINUE 
X(I)=SUM/A(I, I) 
50 CONTINUE 
RETURN 
END 
C 505 , º*****, r**********, r***************, r*****************, º*****, º. 
SUBROUTINE PRESS(NT, NR, OR, DG) 
REAL DG(432), DR(432) 
INTEGER SW 
COMMON/NODES/NN, N, 000RD(432,2) 
COMMON/BC/ SW(432), PDIS(432) 
IR=O 
IG=O 
DO 20 I=1, NN 
IG=(IG+1) 
IF(SW(IG). EQ. 1)THEN 
DG(IG)=PDIS(IG) 
ELSE 
IR=IR+1 
DG(IG)=DR(IR) 
ENDIF 
20 CONTINUE 
RETURN 
END 
C 525 rrrrrrrrrrrrrrrrrrrrrrrrrrrrrrrrrrrrrrrrrrrrrrrrrrrrrrrrrrrrrrrrr 
SUBROUTINE FORCE (DG, FX, FY) 
REAL XE(3), ZE(3), THE(3) 
REAL DG(432), PRES(3) 
REAL FTT(3), FRR(3) 
INTEGER TA 
COMMON/NODES/NN, N, 000RD(432,2) 
COMMON/ELEMEN/NEL, TA(792,4) , THETA(432), HS(432), H(432) DATA P1/3.1415926/ 
FY=o. 0 
FX=0.0 
DO 90 IE=1, NEL 
N=3 
IF(((TA(IE, 3)-TA(IE, 1)). EQ. 1). OR. 
+ (TA(IE, 3)-(TA(IE, 2)-1)+TA(IE, 1)). EQ. TA(IE, 3))THEN 
DO 6 I=1, N 
IF(((I. EQ. 2). OR. (I. EQ. 3)). AND. COORD(TA(IE, I), 1). EQ. 0.0)TfEN 
XE(I)=2.0*PI 
ZE(I)=COORD(TA(IE, I), 2) 
ELSE 
XE(I)=COORD(TA(IE, I), 1) 
ZE(I)=COORD(TA(IE, I), 2) 
ENDIF 
6 CONTINUE 
ELSE 
DO 7 1=1, N 
XE(I)=COORD(TA(IE, I), 1) 
ZE(I)=COORD(TA(IE, I), 2) 
7 CONTINUE 
ENDIF 
AE=ABS((XE(2)*ZE(3)+XE(3)*ZE(1)+XE(1)*ZE(2)-XE(2)*ZE(1) 
+ -XE(3)*ZE(2)-XE(1)*ZE(3))/2.0) 
FYVE=0.0 
FXVE=0.0 
DO 95 I=1, N 
IF(DG(TA(IE, I)). LT. 0.0)THEN 
PRES(I)=0.0 
ELSE 
PRES(I)=DG(TA(IE, I)) 
ENDIF 
95 CONTINUE 
DO 98 I=1, N 
THE(I)=THETA(TA(IE, I)) 
98 CONTINUE 
DO 97 I=1, N 
FTT(I)=PRES(I)*(SIN(THE(I))) 
FRR(I)=PRES(I)*(COS(THE(I))) 
97 CONTINUE 
FYVE=FYVE+AE*(FTT(1)+FTT(2)+FTT(3))/3.0 
FXVE=FXVE+AE*(FRR(1)+FRR(2)+FRR(3))/3.0 
FY=FY-FYVE 
FX=FX-FXVE 
90 CONTINUE 
RETURN 
END 
C *************************************************w****w********** 
SUBROUTINE FLOW (NT, KG, DG, PG, RG, UG, VG) 
REAL KG(432,432), DG(432), PG(432), RG(396) 
REAL UG(432), VG(432) 
COMMON/NODES/NN, N, 000RD(432,2) 
PRINT *, NN 
PRINT *, NT 
IG=O 
DO 10 I=1, NT 
RG(I)=0.0 
10 CONTINUE 
DO 100 I=1, NN 
IG=IG+1 
RG(IG)=-PG(IG)-UG(I)+VG(I) 
DO 120 JG=1, NT 
RG(IG)=RG(IG)+(KG(IG, JG)*DG(JG)) 
120 CONTINUE 
100 CONTINUE 
RETURN 
END 
C ***, r, r*w*, r***, º+rww, r*, +*w*ww ww*r. «w**w*, v, t**w, r***, r, t, tw**rr, r, ºwr*, rw, rw w, ºwý w* 
SUBROUTINE ELEMENT1(IE, N, XE, ZE, KE, UE, VE) 
REAL KE(3,3), UE(3), VE(3) 
REAL XE(3), ZE(3), B(3), C(3), HE(3), HSE(3) 
INTEGER TA 
REAL L 
COMMON/ELEMEN/ NEL, TA(792,4), THETA(432), HS(432), H(432) 
COMMON/$R/L, R, ATNGLE 
COMMON /ROTATE/VIS, SPEED, OMEGA 
COMMON/SPIRAL/ALFA, HO, GAM 
DATA P1/3.1415/ 
CALL PROP1(XE, ZE, B, C, AE) 
DO 3 I=1, N 
DO 3 J=1, N 
KE(I, J)=0.0 
3 CONTINUE 
DO 4 I=1, N 
UE(I)=0.0 
VE(I)=0.0 
4 CONTINUE 
OM=(2. *PI*SPEED)/60.0 
U=OM*R 
RP=U/(OM*R) 
DO 50 I=1, N 
HE(I)=H(TA(IE, I)) 
HSE(I)=HS(TA(IE, I)) 
50 CONTINUE 
HI=HE(1) 
HJ=HE(2) 
HK=HE(3) 
HA=(HI+HJ+HK)/3.0 
HSI=HSE(1) 
HSJ=HSE(2) 
HSK=HSE(3) 
HSA=(HSI+HSJ+HSK)/3.0 
CALL SPIRL1(HA, CT11, CT12, CT22, BT11, BT12) 
DO 60 I=1, N 
DO 70 J=1, N 
KE(I, J)=KE(I, J)+(HA**3)/(4.0*AE)*(CT11*(B(I)*B(J))+ 
++ CT12*(B(I)*C(J))+CT12*(C(I)*B(J))+CT22*(C(I)*C(J))) 
70 CONTINUE 
UE(I)=UE(I)+(RP*HA*. 25)*(BT11*B(I)+BT12*C(I)) 
VE(I)=VE(I)+(HSA*AE)/3.0 
60 CONTINUE 
RETURN 
C 
END 
SUBROUTINE ELEMENT2(IE, N, XE, ZE, KE, UE, VE) 
REAL KE(3,3), UE(3), VE(3) 
REAL XE(3), ZE(3), B(3), C(3), HE(3), HSE(3) 
INTEGER TA 
REAL L 
COMMON/ELEMEN/ NEL, TA(792,4), THETA(432), HS(432), H(432) 
COMMON/BR/L, R, ATNGLE 
COMMON /ROTATE/VIS, SPEED, OMEGA 
COMMON/SPIRAL/ALFA, HO, GAM 
DATA PI/3.1415926/ 
CALL PROP1(XE, ZE, B, C, AE) 
DO 3 I=1, N 
DO 3 J=1, N 
KE(I, J)=0.0 
3 CONTINUE 
DO 4 I=1, N 
UE(I)=0.0 
VE(I)=0.0 
4 CONTINUE 
OM=(2. *PI*SPEED)/60.0 
U=OM*R 
RP=U/(OM*R) 
DO 50 I=1, N 
HE(I)=H(TA(IE, I)) 
HSE(I)=HS(TA(IE, I)) 
50 CONTINUE 
HI=HE(1) 
HJ=HE(2) 
HK=HE(3) 
HA=(HI+HJ+HK)/3.0 
HSI=HSE(1) 
HSJ=HSE(2) 
HSK=HSE(3) 
HSA=(HSI+1ISJ+HSK)/3.0 
CALL SPIRL2 (HA, CT11, CT12, CT22, BT11, BT12) 
DO 60 I=1, N 
DO 70 J=1, N 
KE(I, J)=KE(I, J)+(HA**3)/(4.0*AE)*(CT11*(B(I)*B(J))+ 
++ CT12*(B(I)*C(J))+CT12*(C(I)*B(J))+CT22*(C(I)*C(J))) 
70 CONTINUE 
UE(I)=UE(I)+(RP*HA*. 25)*(BT11*B(I)+BT12*C(I)) 
VE(I)=VE(I)+(HSA*AE)/3.0 
60 CONTINUE 
RETURN 
END 
SUBROUTINE SPIRL1(HA, CT11, CT12, CT22, BT11, BT12) 
COMMON/SPIRAL/ALPA, H0, GAM 
HGR=1.0+H0/HA 
HGR3=HGR**3 
A=1.0+GAM 
Al=HGR3+GAM 
A2=HGR3+GAM*HGR3 
A3=1.0+GAM*HGR3 
A4=HGR+GAM 
A5=HGR+GAM*HGR3 
CT11=(Al/A)*(COS(ALFA))**2+(A2/A3)*(SIN(ALFA))**2 
CT12=((A1/A)-(A2/A3))*(SIN(ALFA))*(COS(ALFA)) 
CT22=(Al/A)*(SIN(ALFA))**2+(A2/A3)*(COS(ALFA))**2 
BT11=(A4/A)*(COS(ALFA))**2+(A5/A3)*((SIN(ALFA))*(C0S(ALFA))) 
BT12=((A4/A)-(A5/A3))*(SIN(ALFA))*(COS(ALFA)) 
RETURN 
END 
SUBROUTINE SPIRL2(HA, CT11, CT12, CT22, BT11, BT12) 
COMMON/SPIRAL/ALFA, H0, GAM 
ALFA1=3.1415926- ALFA 
HGR=1.0+H0/HA 
HGR3=HGR**3 
A=1.0+GAM 
A1=HGR3+GAM 
A2=HGR3+GAM*HGR3 
A3=1.0+GAM*HGR3 
A4=HGR+GAM 
AS=HGR+GAM*HGR3 
CT11=(A1/A)*(COS(ALFA1))**2+(A2/A3)*(SIN(ALFA1))**2 
CT12=((A1/A)-(A2/A3))*(SIN(ALFA1))*(COS(ALFA1)) 
CT22=(A1/A)*(SIN(ALFA1))**2+(A2/A3)*(COS(ALFA1))**2 
BT11=(A4/A)*(COS(ALFA1))**2+(A5/A3)*((SIN(ALFA1))*(COS(ALFA1))) 
BT12=((A4/A)-(A5/A3))*(SIN(ALFA1))*(COS(ALFA1)) 
RETURN 
END 
